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Abstract
The automotive industry has witnessed a trend in the recent years of reducing the bulk
weight of the vehicle in order to achieve improved ride dynamics and economical fuel
consumption. Unfortunately, reducing the bulk weight often compromises the noise, vibra-
tion, and harshness (NVH) characteristics of the vehicle. In general, the automotive body
panels are made out of thin sheet metals (steel and aluminium) that have a very low bend-
ing stiffness. Hence, it becomes important to find countermeasures that will increase the
structural stiffness of these thin body panels without affecting their bulk weight. One such
countermeasure is to introduce the geometrical indentations on various body panels. The
geometrical indentation explained in this thesis is in the shape of elliptical dome, which
supports the increase of the structural stiffness whilst keeping the bulk weight constant.
The primary reason to choose elliptical domes as the applied geometrical indentation is due
to a significant amount of interest shown by Jaguar Land Rover. Moreover, the elliptical
domes, because of the nature of its design, can cover a larger surface area with minimal
depth, thereby, eliminating the possibility of sharp and pointy indentations.
This thesis presents a comprehensive study of the structural-acoustic behaviour of the
automotive-type panels with dome-shaped indentations. The ultimate aim of this research
is to establish a set of design guidelines in order to produce automotive-type panels with
optimised dome-shaped indentations. In order to do so, a new design optimisation strategy
is proposed that results in the optimal placement of the required dome-shaped indenta-
tions. The optimisation problem addressed in this thesis is unlike a general mathematical
problem, and requires specific methodologies for its solution. Therefore, the use of genetic
algorithm is observed as the most suitable method in order to tackle this type of design
optimisation problem.
During the development of the optimisation procedure, the preliminary results show
a consistency in the design patterns. This led to the motivation to investigate a few
intuitively designed panels, which are inspired by the initial, trial, optimisation results.
Therefore, four intuitively designed panels are investigated for their structural-acoustic
characteristics. The study of the intuitively designed panels provided essential physical
insight into the design optimisation problem, which ultimately defined the guidelines in
order to develop the proposed optimisation procedure. This type of optimisation procedure
is completely new in the domain of structural-acoustic optimisation. The efficiency of the
underlying work lies in the separate investigation of both the structural and the acoustic
properties of the panels with various dome-shaped indentations, and then utilising the
insights gained in order to develop a specific optimisation algorithm to stream-line the
dome-shaped panel design procedure.
Keywords: Finite element analysis, boundary element analysis, sensitivity analysis, ge-
netic algorithm, elastic shell elements, sound radiation, sound propagation, structural-
acoustic optimisation, topology optimisation, topography optimisation.
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Structural-Acoustic Properties of
Automotive Panels with Shell
Elements

Chapter 1
Introduction
A complex machine in operation has a driving motor or an engine installed within. Any
such structure that has a rotating or moving part installed within is susceptible to the
vibrations emanating from that motion. The vibration generated is generally undesirable
and it becomes an engineering challenge to counteract such vibrations. The vibration leads
to the generation of small pressure waves, in air, which can be detected by the humar ear
and is termed as sound. Generally, a major portion of the sound that reaches our ears - be
it a symphonic chord from a guitar, the annoying squeal from brakes or a lively discussion
at a meeting - originates from or is transmitted through vibrating solid structures. The
field of physics that encompasses generation, transmission, propagation, and radiation of
waves in solid structures is termed as Structure-borne sound. This chapter briefly explains
the fundamental theory and analyses techniques associated with structure-borne sound,
transmission, and acoustic radiation.
1.1 Background
Sound is pressure fluctuations which can propagate through an elastic medium. The elas-
tic medium may be gaseous, liquid, or solid, but not a vacuum. So, any vibrating action
that moves the particles of the medium (e.g. vibrating panel, loudspeaker, etc.) may act
as a sound source. The back-and-forth oscillation and collision of the particles result in
an alternate, sinusoidal compression (C) and rarefaction (R) of the medium, as shown in
Fig. 1.1. The successive compression and rarefaction of the particles, at a certain velocity,
enable the sound to propagate by producing a sound wave. The speed of sound depends
on the physical properties, such as compressibility and density, of the elastic medium. For
air and most gases, the speed of sound can be determined from the general gas law of
thermodynamics [1].
The vibrations from the structure can be felt as well as heard and the branch of science
dealing with the interactions between structural vibration and noise (or acoustics) is called
structural-acoustic. The noise originated from the vibration can be annoying and quite
often hazardous. Noise has become a burden of modern life that everyone has to cope with.
Noise, now, has an ever growing environmental impact and demands counteractive mea-
sures that diminish noise exposure, which may otherwise result in serious illness or at least
an additional level of stress. The occurrence of noise not only results in human discom-
fort but may also result in fatigue damage and, hence, cause system failure of structures.
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Figure 1.1: Example of compressions (C) and rarefactions (R) of the particles of the
medium.
Quite often both the human discomfort and the structural factor are involved in serious
problems related to noise. A prominent example is the squealing noise of brakes from the
automobiles. Not only is the squealing noise painful to the human ear, the vibrational
interactions between the wheels and the brake also cause undesirable fatigue damage and,
hence, passenger safety is at risk.
It is observed that the noise is caused by the dynamic processes due to the presence
of vibration. The generation and transmission process of vibration can generally be cat-
egorised into a source, a receiver, and the path connecting the source and the receiver.
So, virtually every problem in noise and vibration control involves a system composed of
three basic elements: a source, a path, and a receiver. Before a solution to a complex
noise problem can be designed, the dominant source of the noise must be identified, the
characteristics of the significant transmission paths must be understood, and a criterion
for the level of noise considered desirable in this situation must be available [2]. Following
is a brief explanation of the three basic elements of noise control:
• Noise Control at the Source. Noise, the unwanted sound, is generated by
the surface vibrations of a solid structure (machine) which in turn interact with
the surrounding acoustic medium. The sound source may be quieted if its mode
of operation is changed so that it moves less, for example, by reducing the forces
that cause motion and by strengthening, damping, or isolating all or parts of the
strucuture. Noise control at the source by planning in the early design stage is often
the most effective and least expensive type of control measures.
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• Noise Control in the Path. This type of corrective measure is used for the cases
where redesigning the sound source is not a possibility. The solutions include the use
of barriers, porous materials, mufflers, enclosures, vibration damping, and vibration
isolation.
• Noise Control at the receiver. It is important to establish the level of noise
considered desirable for the required situation. The sound may be affected by altering
the acoustic details of the receiver. A criterion for noise control for receivers depends
on whether the aim is to improve audibility or to completely eradicate the noise.
Prior to designing a solution to the noise and vibration problem for complex structures,
it is important to understand the physical attributes of simple structures. Many analyt-
ical theories of simple structures can be exploited for the purpose of desinging complex
structures. The study of simple structures like beams, plates, and shells provide physical
insight to the problem when dealing with complex structures.
A new trend observed in the modern automotive industry is the use of sharp splines
in the body panels to make the exterior of the vehicle look more attractive. This type of
exterior feature not only enhances the vehicle’s appearance, but also improves its aerody-
namic charateristics. Therefore, a major part of the automotive-type body panels are now
categorised into curved panels or quasi-flat panels. It is the extension of the analytical
understanding of simple structures that serves as guidelines in order to design more com-
plex structures. Even in the case of simple structures, it is evident that the findings from
the beam theory lead to a better understanding of the plate theory, which subsequently is
necessary to establish the theoretical solutions for shell structures [3, 4].
Analytical understanding of the structure provides a mean to analyse the structure,
which is useful in order to predict the response of the structure under certain presumed
conditions. The theoretical solution can provide the approximate resonant frequencies,
modeshapes, and sound pressure at an observation point for many simple structures with
different boundary conditions [5, 6, 7]. The advantage of analytical solutions or methods
is that they can predict acoustic and vibration response in a short time and without any
frequency limitations. This is of significant importance in the early design stage. Un-
fortunately, there is only a limited set of structures for which the analytical solutions are
available. So, the main disadvantage of analytical methods is that they can only be used for
simple structures and with the advent of the use of complex structures becoming common,
it becomes necessary to devise methods that can analyse and predict the response from
complex structures. Nevertheless, analytical methods are still useful in order to quickly
compare different design alternatives without the need for considerable analysis effort, by
roughly observing how different parameters influence different response quantities.
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In order to analyse complex structures, many analyses techniques have been developed
to serve different purposes. Their usage relies mainly on the range of frequencies consid-
ered, as well as the quantity of interest to be determined. Fig. 1.2 displays a wide range
of techniques most commonly used in the prediction of structural and acoustic response.
These methods can simulate different real life design problems into their equivalent math-
ematical models, which can be solved using linear algebra techniques [8]. Thus, the name
given to such techniques is ‘Numerical Methods’.
Figure 1.2: Different types of structural-acoustic analysis. In red, listed are the common
numerical methods, and in blue, are the various measurement-related techniques.
From the Fig. 1.2, the finite element method (FEM) and the boundary element method
(BEM) are well known and well established techniques, suitable for low frequency range
analyses. Techniques to cope with vibration problems in the mid frequency range are
Modal Analysis (MA) and Noise Path Analysis (NPA). Modal analysis is a common tech-
nique used to determine the so-called modal parameters of a vibrating system, e.g. resonant
frequencies, modal damping, and relative mode shapes. Noise path analysis can be used to
predict dominant transmission paths of vibrating structures, which may result in undesired
sound radiation. None of the aforementioned techniques are effective for high-frequency
vibration analysis. In the high frequency range, techniques such as the Statistical Energy
Analysis (SEA) or Energy Mean Mobility Approach (EMMA) may be used. These meth-
ods are charaterised as energy based methods, since the primary variable employed here is
energy. Energy is chosen as the primary variable because the high modal overlap at high
frequencies makes it rather difficult to distinguish between certain modes. In contrast, in
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the low frequency range displacement, force, and velocity are the primary variables. It is
not the objective here to explain these techniques in detail as significant number of litera-
ture is available for the interested readers. However, the techniques used in this research,
i.e. FEM and BEM, are explained in greater details for a better understanding of different
dynamical phenomena.
FEM and BEM are the most widely used numerical methods. Both FEM and BEM
can be used for structural and acoustic analysis but due to certain advantages and dis-
advantages FEM is mainly used for structural analysis whereas BEM is more suitable to
acoustical analysis. In the case of both FEM and BEM, a complex structure is discretised
into finite elements, connected to each other through nodes in order to take up the shape
of the complex geometry of the structure, and the particular arrangement of discretised el-
ements is called a mesh. The required response is then calculated mathematically for each
node and is interpolated using established techniques to predict the response for the entire
structure [9]. The predicted results can be further improved by discretising the structure
using more number of elements. Consequently, the analysis time will also increase with
the increasing number of elements. Particularly, in the case of BEM, only boundary ele-
ments of the discretised structure is involved in the analysis. So, a coarser model with less
number of elements is sufficient for boundary element analysis. In contrast with analytical
methods, numerical methods require great number of computations and usually take longer
to be performed, and is only suitable for low-frequency analysis. Nevertheless, numerical
methods are used extensively in the detailed design stage and is critical until prototyping.
In both FEM and BEM analyses, a field problem is defined mathematically by differen-
tial equations or by an integral expression, respectively. The discretisation of the structure
into finite elements distinguishes these finite elements from infitesimal elements used in
calculus [10, 11]. In each finite element a field quantity is allowed to have only a simple
spatial variation, perhaps described by polynomial terms up to x2, xy and y2. The actual
variation in the region spanned by an element is almost certainly more complicated, so
finite element analysis provides an approximate solution [9]. One of the advantages of
numerical methods is that it does not have any geometric restrictions. Many commercial
computer software can perform FEM and BEM analysis. For the purpose of minimisation
of sound radiation by structures, numerical methods are generally used in conjunction with
numerical optimisation techniques in order to achieve optimum designs [12]. The complete
finite element analysis can be divided into three groups, as follows:
1. Pre-processing. It involves the classification of the problem and modelling. The
structure is discretised by dividing it into a mesh of finite elements, which represents
its equivalent mathematical model. A suitable boundary condition is also applied to
simulate its real-life application.
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2. Numerical analysis. The mathematical model arranged as sets of matrices is solved
using techniques from linear algebra.
3. Post-processing. The quantities derived from the analysis can be listed or graphi-
cally displayed.
A systematic display of steps involved in the finite element analysis is illustrated using
a block diagram in Fig. 1.3.
Figure 1.3: Block diagram of steps involved in a finite element analysis project.
1.2 Motivation of Work
One of the most important problems which the motor industry has to deal with is noise,
vibration, and harshness (NVH), both becasue of the nuisance which noise creates outside
the vehicle and because of its tiring effect on the drivers and passengers. In order to sustain
in today’s competetive market, automotive manufacturers are finding ways to maintain its
loyal customers and attract new ones simultaneously. NVH is inextricably linked to the de-
cision making ability of the customers. Therefore, the amount of resources and investment
allocated to NVH research have grown considerably over the years. It is equally important
to eradicate unwanted noise, both inside and outside of the vehicle, as it is to improve
the existing sound quality. Sound has now become a parameter used in achieving product
differentiation and is directly linked to brand values. The noise and vibration problem
in cars is very complex and its effective control requires the basic understanding of the
mechanism of its generation.
As mentioned before, sound is measured as pressure fluctuations in a fluid (air) medium.
The magnitude of pressure fluctuations is very small, generally in the range from 0.00002
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Pa (=20 µPa) to 20 Pa as compared with the atmospheric pressure of 100 kPa. The hu-
man brain does not respond to the instantaneous pressure and therefore, the Bel scale is
generally used. The Bel scale is a logarithmic scale well suited to human hearing, which is
rather logarithmic than linear in its behaviour. Fig. 1.4 shows the human audible range,
with its two axes being the sound pressure level (dB) and the frequency range (Hz), re-
spectively, clearly defining the range between the human hearing threshold and its pain
threshold. It is established that the audible frequency range for human hearing is between
20–20k Hz, and is characterised by its sound pressure level (dB) and quality. Whereas,
the vehicle vibration caused mainly by road excitation is between the range of 0.5–50 Hz,
and is characterised by its level and direction. Hence, the focus of this research remains to
counteract low-frequency noise and vibration problems.
Figure 1.4: Human audible range
In automotive noise and vibration, the major part of the sound energy lies within the
frequency region below 20 Hz and is caused mainly by road excitation being transmitted
through the wheel and suspension architecture. The predominant noise in the audible
range lies within the frequency band of 30–300 Hz and is produced primarily by vehicle
body resonances excited by various engine harmonics. Nowadays, a majority of cars are of
unitary construction in which the body provides both the passenger space and the essen-
tial structural strength. The term given to such construction is called ‘monocoque’ design.
On the contrary, the cars built with a separate chassis are quieter because there is high
vibration transmission loss from the chassis into the body [13]. Despite the shortcomings
in noise and vibration control, the monocoque design offers an attractive design principle
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because of its higher stiffness-to-weight ratio, which inevitably improves the operating ef-
ficiency of most modern cars [14, 15].
The car body is the most complex vibratory system in a vehicle and it is this struc-
ture which radiates sound that is heard by the occupants. The dynamic response of a
car body is an important parameter to control in order to control the noise inside the
passenger compartment. It is observed that the most important frequency range is below
400 Hz where there exists a large number of resonances, with the most sensitive region
lying within 70–200 Hz [13]. Although the excitation level of various harmonics varies
with engine speed, the most sensitive resonances (in the region 70–200 Hz) of the car body
are excited by the lower order harmonics (e.g. for a four cylinder, V6, and V8 engines,
the primary orders are 2E, 3E, and 4E, respectively). The excitation levels of the lower
harmonics are considerably higher than those of the higher harmonics and is responsible
for high vibration amplitudes in this frequency range.
The car body can be assumed as an asymmetric hollow shell, with its main body vibrat-
ing in a ‘ring-mode’ or ‘circumferential-mode’, whereas the front and rear part of the car
body exhibit a ‘cantilever-mode’ vibration [16]. At higher frequencies it has been observed
that while the main car body maintains the ‘ring-mode’ vibration, the central part of the
roof and the floor demonstrate plate-like vibration [13]. Although, a significant amount of
area near the edge of the side-frames is influenced by the side frame vibration and, there-
fore, assumes the vibrational pattern of the side frame, the vibration pattern at the central
parts of the roof and the floor show a marked deviation from the plane frame vibration
and resemble plate vibration. If by some means the plate vibration could be restrained
or the net volume displacement of the inside of the car caused by plate vibration could
be minimised, a significant reduction in noise level could be achieved. The aim would be
to increase the stiffness of the body panels and thus reduce its response. Increasing the
stiffness would also result in pushing the resonant frequencies of the panel into a higher
frequency zone and thus to some extent detune the structure from the most dominant
exciting frequencies of the engine.
The overall vibration of the passenger compartment is always associated with the sig-
nificant vibration levels of the roof and floor. So, it can be assumed that a great deal
of improvement, from the noise and vibration point of view, could be achieved by treat-
ing these parts of the car body. The body panels, including the roof and the floor, are
made out of thin sheet metal, which by itself has a very low bending stiffness. It is a
common practice to look for ways to increase the stiffness of these thin quasi-flat panels
by introducing ribs, stiffness or beads. A recent audit of different brands of automobiles
currently in production shows that the body panels are designed with a variety of beading
configurations, ranging from circular or elliptical beads (or domes) to criss-crossed swages,
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as illustrated in Fig. 1.5(a) and 1.5(b), respectively. It is observed that these geometrical
modifications affect the structural-acoustic characteristic of the panels [17, 18, 19, 20].
(a) Elliptical domes on the floor panel. (b) Swages on the rear-seat back panel.
Figure 1.5: Examples of the indentations on the body panels of a car.
It has become a common engineering practice in the automotive industry to geometri-
cally modify the structure to improve its static and dynamic characteristics. The advantage
of geometrical modifications is mainly that the stiffness of the lightweight panels can be
increased without increasing its bulk weight, which is a crucial factor in automotive body
design. The geometrical modifications in the form of indentations distort the in-plane
symmetry of the panel and increase the bending stiffness in one direction, thereby, in-
ducing orthotropic characteristics in the otherwise isotropic material. Stiffening affects
the flexural wave dispersion characteristics, which alters the ratio of structural-to-acoustic
wavenumbers that is seen as a major parameter in determining the radiation efficiency.
Hence, it is not surprising to find that increasing the stiffness after a certain degree makes
the panels radiate even more [21]. So, considerable care must be taken in the structural
design of a car body in order to reduce the overall noise. This motivates the focus on
developing an effective optimisation technique that can optimally design and position the
required geometrical modifications.
The indentations on panels are used as a quick and intuitive solution to suppress the
lower-order modes of vibration, and have been in use for a long time. It is shown in Fig. 1.6
that how designers can impress any irregular shape to achieve the increase in stiffness, pur-
posefully to suppress the first few modes of vibration. From Fig. 1.6, it can be assumed
that the area of the panel circled-in represents the initials of its designer! The use of such
irregular shapes might have come accross as a quick and effective way to target the lower-
order vibration modes, but it cannot guarantee an overall reduction in the noise level over
a set frequency range.
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Figure 1.6: The rear-seat back panel in a body-in-white. The impression circled-in is
assumed to be the initials ‘TW’.
The designing of geometrically modified panels is an iterative process that requires a
large number of calculations. It is with the recent upgrade in the computing capabalities,
even simple personal computers can perform such comlex calculations and process large
amount of data rapidly. Better systems can now be designed by analysing and optimising
numerous design variables in a short time. Topography is a special case of shape optimisa-
tion, which can be used to change sheet metal shapes. The application of shape, size, and
topographical optimisation for passive noise control has received increasing attention in the
recent years. This type of optimisation represents a concept that changes local stiffness
without increasing the bulk mass significantly.
The amount of noise reduction achieved will depend on the structural properties (mass,
stiffness, and damping) of the car body. Damping in the structure plays an important role
in reducing both structure-borne and airborne noise. But, once the sound has reached the
inside of the passenger compartment, it can only be controlled by absorption. However,
the most common sound absorptive materials (thin porous foam, fibreglass, or glass wool)
are good for absorbing high frequency sound and are virtually ineffective for low frequency
sound below 200 Hz. It is believed that with due care taken in the structural design of a car
body, the overall noise and the ‘boom’ problem in the cars can be reduced. A good body
structure will not only reduce the structure-borne noise, but also will improve structural
rigidity to counter the effects of high-frequency airborne noise.
1.3 Aims, Objectives, and Brief Structure of the Thesis
This thesis investigates the structural-acoustic characteristics of panels with dome-shaped
indentations. It is demonstrated that the indentations increase the stiffness-to-weight ra-
tio of the original design. However, in the due course of the research, it is observed that
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the panel design demonstrating the highest increase in stiffness is not the least radiating.
Therefore, this research undertakes a comprehensive study of the structural and acoustic
characteristics associated with the panels with varying number of dome-shaped indenta-
tions. Finally, the study is used in order to develop a numerical optimisation procedure
that results in the domed-panel design with the best stiffness-to-weight ratio for the re-
duced sound radiation.
In order to understand the existing methodologies, an extensive literature review is
presented in Chapter 2. The literature survery is divided into two categories, each cov-
ering the analytical and the numerical methodologies, respectively. The understanding
of the analytical principles is important in order to gain a more in-depth insight into the
problem. However, the use of the analytical methods are only suitable to simple structures.
Therefore, the need for an advanced methodology is felt in order to counter the structural-
acoustic problems for the complex structures. Hence, the latter part of Chapter 2 explains
about the various numerical methods available in order to tackle the structural-acoustic
problems related to complex structures. It is important to note here that the underlying
research does not cover the topic of periodic inhomogeneities, as encountered in meta-
materials. The inhomogeneities used in this research may seem periodic in nature, but in
essence the inhomogeneities only follow a symmetical pattern that is employed in order to
reduce the total optimisation run-time.
The reference flat panels are modified by including a set number of dome-shaped inden-
tations. Such modification functions can be defined mathematically, and are an important
point to consider while developing the optimisation algorithm. So, a detailed explanation
on the various types of modification functions that can be used, along with the strategy
adopted for their application, are presented in Chapter 3.
A total of four test panels, each with an intuitive but different arrangement of the
dome-shaped indentations, are investigated for their respective structural and acoustical
characteristics. In order to ascertain the increased structural stiffness in the different test
panels, both the numerical and experimental investigation were conducted and are pre-
sented in Chapter 4. A detailed explanation of the analytical theory that later forms the
basis to compare the efficacy of the numerical techniques is also presented in Chapter 4.
The experimental procedure developed and the testing setup adopted, including the de-
velopment of the test rig, are also explained in Chapter 4. It is important to note that
the excitation used in both the numerical analysis and the experimental measurements
is purely structure-borne in nature; no air-borne excitation is used in the underlying re-
search. The penultimate section of the Chapter 4 presents the experimental verification of
the analytical and the numerical findings, which later on provides a significant amount of
12 Chapter 1. Introduction
insight whilst developing the optimisation algorithm in Chapter 6.
After the structural investigation, as presented in Chapter 4, the same test panels are
assessed for their radiation characteristics. Therefore, a detailed explanation on the classi-
cal and numerical acoustics, essential from the point of view of this research, is presented
in Chapter 5. The ultimate goal of this research is to develop a set of guidelines in order to
design automotive-type panels with dome-shaped indentations. So, the radiation results
from Chapter 5 are compared with the findings observed from the structural investigations
from Chapter 4, and based upon the collective findings, a numerical optimisation technique
is developed.
The numerical optimisation procedure followed and later improved in this research is
explained in Chapter 6. The results of the optimisation algorithm produce a domed-panel
design, with optimally sized and positioned four dome-shaped indentations. The optimised
panel is then compared with the other intuitively designed test panels, thereby, demon-
strating the benefits of the optimisation strategy. Therefore, Chapters 4 and 5 can be
considered as a consolidation of the existing knowledge in order to be able to study the
optimised panel developed in Chapter 6. However, Chapters 4 and 5 still involve original
work, e.g. in developing the test rig, testing methodology, etc.
Finally, Chapter 7 presents the concluding remarks obtained during the research, and
lists the important points that require addressing in the future.
Chapter 2
Literature Survey
In this chapter, a literature review of the subject of this thesis is presented. The oldest
and most common method to suppress the panel vibration is by using masses at the points
of maximum displacement. Another common technique is to reinforce the panels using
beam stiffeners. Both the beam and plate theories are well established and a combination
of beam-plate theory is also widely available. However, only a limited number of publi-
cations are available on the topic of stiffening of the panels without increasing their bulk
weight. There is little work done on the topic related to beads or indentations affecting
the response of the panels, probably because of the difficulty and the plethora of factors
and uncertainties involved in this complex problem. Nevertheless, a significant amount of
literature is presented on different techniques used in order to stiffen the flat panels.
2.1 Introduction
When dealing with noise and vibration problems, the analyses approach can be categorised
into ‘analytical’ and ‘numerical’ methods. The analytical method has its own advantage
in a sense that it can provide solution in a short time. The analytical methods can predict
vibration and acoustic results without many computation required, and do not have any
frequency limitations. Unfortunately, the analytical method is suitable for simple struc-
tural problems only. Hence, this becomes a major limitation for their use. Whereas, the
numerical method is efficient in analysing any complex-shape structure but effective only
for low-frequency analyses.
Despite its use suitable for low-frequency analyses, numerical methods are a very pow-
erful technique in modelling real-life engineering problems. Both the finite element method
(FEM) and boundary element method (BEM) can be used for structural and acoustic anal-
yses, but due to certain advantages and disadvantages FEM is mainly used for structural
problems whereas BEM, being a strong solver for boundary integral problems, is mainly
used for acoustic problems. In the numerical analysis, the structure is mathematically
modelled in terms of partial differential equations (FEM) or integral equations (BEM) and
the solution of these equations give the desired result. In contrast with analytical methods,
numerical methods require a great number of computation, and hence take a long time to
perform. Moreover, they need careful attention from the designer in the modelling stage.
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2.2 Analytical Methods
The interests in the field of structural-acoustics age from the 19th century with the work
of Lord Rayleigh [7] essentially defining the science of acoustics. The problem of acoustics
is inextricably linked to the problems caused by the vibrations of the structures under
consideration. The most important theories and analytical approach for simple structures,
which are commonly used in engineering applications, are detailed in the classical acoustic
textbooks [1, 5, 6, 22].
Fahy [5], with his textbook, tries to illustrate the theoretical approach to the modelling
and analysis of interactions between sound and vibration, whilst simultaneously provid-
ing physical explanations of their dependence upon the parameters of the coupled system.
The main aim is to present a unified qualitative and quantitative account of the physical
mechanisms and characteristics of linear interaction between audio-frequency vibrational
motion in compressible fluids and structures with which they are in contact. A similar
textbook by Mo¨ser [22] provides a vivid description of the fundamentals related to the
subject of acoustics. It outlines the important acoustic phenomena very well, including
the properties of wave propagation and its radiation, in various simple structures.
Leissa’s textbook on plates [23] refers to approximately 500 research publications,
whereas the author’s other classical textbook for shells [24] includes approximately 1000. A
plate can be considered as a special case of shell (with zero curvature), which suggests there
exists innumerable other shell structures with their distinctive curvatures, e.g. circular and
noncircular cylindrical shells, and conical, spherical, ellipsoidal, paraboloidal, toroidal, and
hyperbolic paraboloidal shells. It can now be justfied that why the scale of knowledge for
shells is at least one order of magnitude greater than for plates. Moreover, the ‘complicat-
ing effects’ such as anisotropy, initial stresses, variable thickness, surrounding media (water
or air), large (nonlinear) deflections, shear deformation and rotary inertia, and nonhomo-
geneity (including laminated composites) which may be present in plates are all equally
possible for shells. Also, the number of possible types of ‘simple’ boundary conditions (not
including elastic supports) is also far greater for shells than for plates. It can be observed
from many sets of literature about the 4 common sets of boundary conditions that exist
mathematically for a typical edge of a plate [25], Leissa [24] provides 16 sets that exist for
a shell boundary.
A publication from the late 1960s, describes an improved integral formulation for acous-
tic radiation problems [26]. The publication examines three different integral formulations
used as a basis to obtain approximate solutions of the exterior steady-state acoustic ra-
diation problem from an arbitrary surface whose normal velocity is specified. The first
method uses the simple-source formulation, adapted from the potential theory. Second
method, uses the surface Helmholtz integral formulation, based on the integral expression
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for pressure in the field in terms of surface pressure and normal velocity. Third, uses
interior Helmholtz integral formulation, in which the surface pressure is determined by
making a certain integral vanish for all points interior to the radiating surface. A com-
bined Helmholtz integral equation formulation (CHIEF) that overcomes the deficiencies
of the first two methods and the undesirable computational characteristics of the third, is
described too. These deficiencies exist only for certain characteristic wavenumbers. Nu-
merous examples involving spheres, finite cylinders, cubes are presented.
In 1970, Wallace [27] demonstrates the radiation characteristics of a rectangular panel.
The radiation resistance corresponding to the natural modes of a finite rectangular plate
is analytically determined. The panel is assumed to be simply supported in an infinite
baffle. The radiation resistance is studied by considering the energy radiated by a mode
of the panel into the farfield. This method yields a low-frequency asymptotic solution
and permits a precise numerical determination of the radiation resistance over the entire
frequency range. The analysis is analogous to the theory associated with a baffled beam
[28]. The wave radiated by the baffled panel can be found from solving the Rayleigh’s
integral [7]. To obtain the radiation efficiency over the intermediate frequency range, the
radiation efficiency is integrated using a two-dimensional Gauss-type quadrature formula.
Following the above approach, the resulting curves are of sufficient accuracy to serve as
exact solutions for the radiation efficiency.
The study of sound radiation from an infinite plate can radiate sound only if its struc-
tural wavenumber is smaller than the acoustic wavenumber, and the radiation efficiency
can then readily be calculated from simple formulas [29]. In contrast, a finite plate can
theoretically radiate sound at any given wavenumber. However, its radiation efficiency
depends substantially on the ratio of the structual to acoustic wavenumbers. Below the
coincident frequency, the acoustic characteristics of plates can be understood from the trun-
cation of wave forms at the edges of the plate [30]. The edge effects can be conveniently
used to qualitatively explain the modal radiation characteristics of a simply supported
plate. The sound radiation from a simply supported finite rectangular plate has been ex-
tensively studied [27, 28, 29, 31, 32]. The sound radiation from plates has also been studied
for other boundary conditions. A plate with a clamped boundary condition is found to
be almost twice as effective in radiating sound as its simply supported counterpart [27, 33].
The radiation efficiency of a flat rectangular plate is often used as a basis to compare
the sound radiation from more complex plate-like structures. The analytical solution for
a plate set in an infinite baffle is well known [27, 29], with an assumption that each mode
within a given frequency band has equal modal vibration energy. Between the first natural
frequency of the plate and the critical frequency, acoustic short-circuiting occurs in the
corner and edge mode regions. With the use of infinite baffle, the acoustic short-circuiting
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can be avoided. Putra and Thompson [34] show the effect of the infinite baffle, when com-
paring the results for baffled and unbaffled plate. Removal of the baffle shows a significant
reduction of radiation efficiency in the corner and edge mode regions. Empirical formulae
are presented for the radiation efficiency from an unbaffled plate.
Wang and Wu [35, 36] apply spherical wave expansion theory to reconstruct acoustic
pressure field from a vibrating object. The radiated acoustic pressure is obtained by the
expansion of independent functions generated by the Gram-Schmidt orthonormalisation
with respect to the particular solutions of the Helmholtz equation on the vibration surface.
The errors incurred in this process are minimised by least-squares method. Hence the
name given to this process is Helmholtz equation–least–squares method (HELS).
In order to reconstruct the acoustic field on an irregularly shaped surface, the BEM
based Kirchhoff integral theory can be used to generate a transformation matrix that cor-
relates the field acoustic quantities to the surface ones [11]. This approach, however, has
several inherent drawbacks resulting from transforming the wave equation into the Fred-
holm integral equation of the first and second kinds, respectively. The first drawback is the
nonuniqueness of the surface Kirchhoff integral equation, which can be overcome by using
the CHIEF method [26]. The second drawback is with ill-conditioning of the transfor-
mation matrix which makes the inverse acoustic radiation problem a non-unique problem
and is less straightforward to deal with. It is described that the method works best for a
spherical surface or a chunky object. For an elongated object subject to high-frequency
excitations, the convergence may be worse. It is shown that generally the efficiency of
the HELS is much higher than that of BEM. Another advantage is that the solution thus
obtained is always unique.
A relatively new method, which is used as an alternative to numerical prediction meth-
ods, uses multi-level wave based modelling approach [37]. This method is specifically effec-
tive for mid-frequency problems, and is suitable for both interior and exterior steady-state
dynamic problems. It applies wave functions, which are exact solutions of the governing
differential equation used to describe the dynamic field variables. Since the functions are
the exact solutions of the Helmholtz equation, no residual error is involved with the govern-
ing partial differential equation inside the problem domain. The limitation to this method
depends on the convexity of the considered problem domain. As a result, only problems
of moderate geometrical complexity can be considered and many geometrical features can
not be handled at all.
Extensive research has been carried out for a clear understanding of vibration and
acoustic characteristics of panels with typical modifications. Berry and Nicolas [38] demon-
strate the vibration of complex panels using Rayleigh-Ritz method with simple polynomial
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trial functions. The publication presents numerical results in terms of the mean quadratic
velocity of the panels, radiated sound power and radiation efficiency for a variety of sit-
uations including force or moment excitation, simply-supported, clamped, or free edges.
This demonstrates some useful guidelines in practice.
The use of mass loading of the structure is one of the most common techniques used in
order to suppress the structural vibrations. A vast amount of literature is available that
explains the use of point masses, which is used as a counter measure to minimise sound
radiation [39, 40, 41]. The additional increase in the bulk weight of the structure cannot
be a desirable solution for the automotive industry. Nevertheless, the use of point masses
has a history of producing good results [42, 43, 44]. The level of vibration suppression
attained by the use of point masses can further improve by the use of distributed mass
[45, 46]. In the case of cars, the use of distributed mass gives an opportunity to exploit
the heavy components already present in the car, e.g. in the form of an electrical box or
seat related peripherals, to be used as a vibration suppressor.
Another common type of structural modification of panels is the attachment of beam-
stiffeners. The simplest case is of a single stiffener of infinite length attached on an infinite
plate. Ungar [47] is the first researcher to publish mathematical expressions for the motion
of a stiffening beam when it is excited by flexural waves in the plate. An incident wave
in the beam enables the calculation of the amplitude coefficients for the near-field in both
sides of the beam. So, the beam-stiffener is modelled as a discontinuity in the medium
carrying the flexural waves and at every discontinuity it scatters the energy of the flexural
wave.
A similar method to [47] is used by Kessissoglou and Pan [48] to calculate the reflec-
tion and transmission coefficients of the flexural waves through a reinforcing beam on the
plate. Both the methods prove very effective in attenuating wave transmission except at
two frequencies, which is explained in terms of trace matching of waves in the plate and
the beam. Further, Kessissoglou and Pan use an active control method to improve the
attenuation at these frequencies.
An interesting case for the structures made up by large beams and flexible plates is
presented by Grice and Pinnington [49]. Evidently, short waves travel in flexible plates
and long waves travel in large beams. So, the difference in the wavelengths suggests these
two types of waves can be analysed separately. The total response of the structure is the
combination of the reponses from both the plate and the beam. The exchange of energy
between the long and short waves act as a damping mechanism.
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Fahy and Lindqvist [50] present a case for an infinite panel with a single and two paral-
lel beam stiffeners forming a frame. The wavenumbers of free propagation in the waveguide
consisting of two parallem beams are calculated. The results show that the frame deteri-
orates the effectiveness of damping near the cut-off frequencies, and even the damping of
beams does not adequately suppress this adverse behaviour.
The infinite beam and plate theory provide reasonable insight in order to design large
structures such as ships, aircraft, and aerospace structures. For smaller structures, the
infinite structure theory is not valid because of the presence of strong reflections from the
boundaries that create a modal behaviour of the structure. Heckl [51] is the first to present
an analysis for a beam-plate structure, finite in one dimension and inifinite in the other.
The finite beam is placed along the finite dimension of the plate, and the modal behaviour
of the beam discontinuity is taken into account. The propagation of the flexural waves is
considered in the infinite dimension. The two edges of the finite dimension of the plate are
simply supported. Using the expressions derived by Ungar [47] for the beam-plate system,
Heckl gives the expressions for the reflection and transmission coefficient of the flexural
waves in the plate caused by the beam. Evaluation of the transmission coefficient shows
that the beam prevents much of the energy to be transmitted across the plate except at
frequencies very close to the resonant frequencies of the beam. This method is extended
for the case of placing identical beams at equal distances on the plate (periodic structure).
Mead [52] presents an ellaborate description of the theories related to periodic struc-
tures. Many important phenomena, such as, method of ‘space-harmonics’, method of
phased array receptance functions, and application of energy methods to wave motion
study present clear insight and their appropriate use in the case of 3D structures.
Azmi and his fellow researchers describe the application of the ‘receptance method’ to
the free vibration of continuous rectangular plates [53]. This method is effective in obtain-
ing the vibrational characteristics of the plate over intermediate rigid simple supports and
simply supported along two opposite edges. Three different procedures are available, one
of which is an exact solution.
Gupta [54] uses the knowledge of natural flexural waves and the associated propagation
constants, to predict the free vibration of beams and plates. It can be observed that the
conditions at the extreme ends of a finite, periodic structure, permit only discrete values
of the propagation constant. These, in turn, dictate the distribution of natural frequencies
in the frequency spectrum. This method, when compared with the other conventional
methods, simplifies the problem of determination of natural frequencies.
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The reasoning for understanding the theories related to simple structures is to gain an
insight into their physcial characteristics, which can then be exploited to design complex
systems. One such complex system is a motor car. The car body comprises of simple
structures that take a complex form. Jha [13] presents a study about the simple noise
and vibration sources in motor cars that take up a complex form. The study lists the
characteristics of noise and vibration sources that are common in motor cars. It is a clear
representation of which essential factors need to be controlled in order to achieve noise
reduction in the passenger compartment.
A great deal of shell analysis, including sound and vibration analyses, is currently
being done with finite element computer programs. The modern computers are capable of
performing fast calculations and can process large amount of data simultaneously. So, most
of the structural modifications discussed above can be incorporated with an optimisation
technique to produce cost-effective design solutions at an early design stage.
2.3 Numerical Methods
Numerical methods often incorporate different optimisation procedures in order to engi-
neer complex designs. Optimisation methods have become essential in the process of early
design stage, where the focus is to develop the best design in the first attempt. Numerical
optimisation techniques used for complex problems related to the minimisation of sound
radiation have picked up its pace in the last two decades and are considered an important
step in design consideration. The optimisation requires an objective function, which could
be the quantity that needs minimising or maximising. In structural-acoustics problems,
the objective function is often a quantity such as sound pressure or power that needs min-
imising.
Optimisation is an iterative process, with the number of iterations depending on both
the size of the mathematical model and the quality of the results desired. A full vehicle
finite element (FE) model is likely to take many hours to solve, which is impractical for
situations when designers need to make quick design changes. To speed up the design
iteration process, substructuring methods [55] are commonly used, involving the analysis
of substructure models. Substructuring is a useful technique to represent individual sub-
systems of a full vehicle assembly. With substructuring, it is not necessary to solve full FE
models for quick optimisation iterations.
Numerical optimisation techniques are extensively utilised in many fields of structural
design, but their application to acoustic problems remain limited. Lamancusa [56], presents
a numerical optimisation method to design ‘quiet’ structures using mathematical program-
ming techniques. The specific design example used is the optimal thickness distribution
20 Chapter 2. Literature Survey
of isotropic, lightly damped, rectangular flat plates with clamped boundary conditions.
Lamancusa explains that optimisation cannot be used simply as a ‘black box’ to solve
all problems, and a fast computer does not necessarily eliminate the need to understand
the underlying physics. The choice of an appropriate objective function is critical to the
success of the numerical optimisation. Sound power is the most direct measure of acoustic
performance and remains the most suitable objective function for radiation-minimisation
problems.
Belegundu et al. [57] present a sound power minimisation problem, using gradient-
based optimisation algorithms. The steps involve a finite element discretisation for the
vibration analysis and use Rayleigh integral to calculate the acoustic power. The benefit
of using this method can be seen in the analytical calculation of design sensitivity analy-
sis. Analytical sensitivity analysis can drastically reduce computation time and provides
greater accuracy in comparison to finite different schemes, particularly in dynamic prob-
lems.
In the design analysis, it is often the situation when a complex geometry needs to be
optimised. Marburg [58] reviews a wide range of techniques that can be used in geometry-
based structural-acoustic optimization. It can be stated that the geometry-based models
account for a general and reasonable type of model preparation for modification and opti-
misation purposes. In the general presentation of the entire process of structural-acoustic
optimisation for interior noise problems [59] and its application [60], the geometry based
model is considered. While a smooth surface, such as a roof panel, can be efficiently
described by few dimensions, the more complicated structure, like a dashboard, requires
several hundreds of points. For example, in the case of a dashboard, at least 44 design
variables are required.
A similar example but of a more detailed structure of a vehicle hat-shelf require at least
120 design variables [61] and to optimise these many design variables, the geometry-based
optimisation does not prove to be an effective technique. In order to overcome this prob-
lem, an optimisation technique that can modify the finite element (FE) model directly is
proved to be a better solution. Using this optimisation technique to modify the FE model
directly, the required number of design parameters can be reduced down from several hun-
dreds to four, and 200–400 to 70, for the examples of a dashboard [60] and vehicle hat-shelf
[61], respectively. The same technique can also be applied in the optimisation of a sedan’s
floor panel [62]. Similar approach is followed to optimise a spare wheel well in a vehicle to
reduce the noise inside the passenger compartment [63]. In this case, the optimised design
does not show significant improvement in noise reduction. This insignificant improvement
may be subjected to the long structural transmission path between the excitation source
and the particular component. This anomaly is worth noting and can be justified in the
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optimisation cases where the transmission path is indirectly affecting the global system
response.
Marburg [59] explains many useful optimisation techniques and presents important re-
marks on the optimisation processes, focussing especially on the choice of the objective
functions. The optimisation is used to describe the noise transfer function (NTF) includ-
ing structural harmonic analysis and the acoustic influence coefficients. The NTF can be
calculated as the sound pressure level (SPL) at a certain fluid point using a force excitation
at the surrounding structure. The calculation procedure consists of three parts: the struc-
tural harmonic analysis, the acoustic harmonic analysis, and the coupling of both. The use
of acoustic influence coefficients as the solution of the acoustic boundary value problem
and the assumption of rather small design modifications, simplify the optimisation process
and the sensitivity analysis. The model considers the fluid excitation by the structure, but
structure excitation by the fluid is ignored. This approximation is usually accepted since
the structure consists of certain heavy material – often steel – and the fluid – air – is light.
Marburg [60] applies a similar theory in the design optimisation of a sedan’s dashboard.
The dashboard structure is modelled into finite shell elements, whereas the remaining ve-
hicle is represented by one super element [64]. The inside of the passenger compartment
is assumed to be filled with air, but only the parts of the detailed shell structure at the
fluid surface contribute to the excitation of the fluid. It is seen that by modifying the shell
structure geometry only by ±10 mm, an average improvement of 3 dB is achieved.
It is explained in Chapter 1 that local geometrical modifications can increase the struc-
tural stiffness without increasing the bulk mass. Marburg, using the methods described
above [58, 62], presents a technique to optimise the location of a bead onto a rectangular
plate [65]. In order to make some modification on the FE model, a modification domain is
defined on the plate. The modification in such a domain is based on a fictitious overlaying
plane. One point on this plane is assigned to each node of the FE model. The modification
will be in the normal direction of the plane at this assigned point. Thus, a five parameter
set can define the position and the orientation of the bead. The design constraints are
defined in such a way that the local modification remains inside the modification domain.
However, this parameter set does not ensure that the modification remains within the pre-
scribed bounds of the modification domain. Hence, a penalty on the objective function is
imposed, if the bead is not completely located inside the domain.
A compilation of many important theories in the field of structural-acoustic optimi-
sation can be found in a review publication by Marburg [66]. It lists a review of various
structural and acoustic analyses techniques using numerical methods like the finite and the
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boundary element method. It enlists a review of the work done in pure structural optimi-
sation and in pure acoustic optimisation. It also provides a survey of different techniques
for the structural-acoustic coupling. It explains the strategy to be used in the similar op-
timisation process and explains multi-objective optimisation methods. It is important to
choose objective functions specific to the problem; the average sound pressure at one or a
few points in a frequency interval accounts for the objective function for interior problems,
whereas the average sound power is mostly used for external problems.
It is becoming common in the automotive industry to use the optimisation methods
available in various commercial computer-aided engineering (CAE) packages. Patil and
Crocker [67] use a commercial FEM package, ANSYS, in order to predict and optimise the
radiation characteristics of vibrating structures. A module available in ANSYS called ‘Sub-
problem Approximation Method’ can be used for this type of optimisation. This method
can be described as an advanced, zero-order method in which it requires only the values of
the dependent variables (objective function1 and state variables) and not their derivatives.
The objective functions suitable for the optimisation are frequency averaged sound power
and radiation efficiency, and sound power at natural frequency. This type of optimisation
does not result in a remarkable improvement under a constant mass parameter, but a sig-
nificant improvement can be attained when the mass constraint is increased.
Seybert et al. [68] examine the feasibility of using boundary element method (BEM)
and the Rayleigh integral to assess sound radiation from the oil pans2. Two different de-
signs of oil pans are investigated for minimum sound radiation. One is made of low-carbon
steel, approximately 2.1 mm thick and deep-drawn into a mold. The other is an aluminium
sandcasting with a wall thickness of approximately 10.7 mm. Each oil pan has the same
mass, i.e., 7 kg. It is observed that the sound power level of the aluminium pan oil pan
is approximately 8 dB higher than that of its steel counterpart, even though the vibration
level of the aluminium oil pan is actually less than that of the steel one. This anomaly
is due to the reason that the sound radiated by the aluminium oil pan is dominated by
acoustically fast modes with relatively high radiation efficiency, whereas, the radiation of
sound from the steel oil pan is dominated by acoustically slow modes (aluminium pan is
almost 5 times thicker than the steel one). Acoustically slow modes exhibit considerable
cancellation between adjacent regions of positive and negative volume velocity, resulting in
less sound power radiated when compared to acoustically fast modes. Two different types
of baffles are simulated; one is by defining a number of additional nodes and elements
connecting the upper edge of the oil pan (where it attaches to the engine) and making it
a closed structure, and the second is by attaching the BEM model to an infinite baffle,
thereby preventing cancellation of sound over the top of the oil pan model. Closing the
1There is a limitation of maximum ten design variables in ANSYS.
2Same principle can be used for other machine components, e.g., gear covers, pumps and compressors,
etc.
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top of the oil pan with nonradiating boundary elements is effective but results in an error
of approximately 1.5 dB below 1 kHz. Whereas, the BEM model with the infinite baffle
shows results in agreement with the results from using Rayleigh integral.
Another technique from Seybert [69] provides a computational technique for implement-
ing Helmholtz integral for acoustic radiation problems associated with three-dimensional
non-smooth bodies. This type of formulation uses both the surface geometry and the
acoustic variables on the surface of the body represented in the form of second-order shape
functions within a local coordinate system. A general formula for the surface velocity
potential and the exterior field is derived. This formulation gives an improved boundary
integral equation for which the surface integral over the plane vanishes when an appropri-
ate Green’s function is used. Though, it is important that the selected Green’s function
must satisfy the boundary conditions on the plane. The boundary integral formulation can
be simplified for axisymmetric bodies and boundary conditions. For such cases, the sur-
face integrals are reduced to line integrals and an integral over the angle of revolution. A
part of the integral can be calculated analytically which will certainly enhance the accuracy.
Chen et al. [70] describe the combined Helmholtz integral equation formulation (CHIEF)
method, which is a popular technique that can overcome the non-uniqueness of the numer-
ical methods. The CHIEF method in conjunction with the singular value decomposition
(SVD) technique is an easy and efficient method to ensure a unique solution for the exterior
noise problem. It tries to rectify the frequent BEM issue of irregular frequencies in the
boundary integral formulations. These frequencies do not represent any kind of physical
resonance but are used due to the numerical method, which has no unique solution at some
eigen frequencies for a corresponding interior problem [71]. Chen [70] focuses on using the
CHIEF method, with the SVD updating term technique, to study these fictitious-frequency
mechanism and to examine the possible failure positions where fictitious frequency occurs.
This method struggles to validate if the interior points are not properly chosen.
The best method to calculate sound radiation from an arbitrary structure is still
through measurement. Zhao et al. [72] present a prediction method that uses bound-
ary element method (BEM) and general eigen value decomposition. The prediction of
sound radiant efficiency and radiant modes of arbitrary shape structures is presented and
is supported with two numerical examples of pulsating sphere and radiating cube. Again,
the CHIEF method is used in order to predict the exterior noise.
An interesting optimisation method is presented by Nelson et al. [73] making the use
of active noise control techniques. The objective is to reduce the sound power output from
a distribution of primary sources by adding a number of secondary sources. So, the reduc-
tion in the sound power can be achieved by using a number of secondary point monopole
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sources to control the field of a number of primary point monopole sources. The sound
power output of the combination of primary and secondary sources is shown by using a
quadratic function of the complex strengths of the secondary sources. It is thus possible
to determine a unique set of complex secondary source strengths, which can minimise the
total sound power.
A similar approach is followed by Cunefare et al. [74], which examines the physical
characteristics of global optimum active noise control on the surface and in the far field.
This method expresses the total acoustic power with a quadratic equation in terms of
source strengths or, for extended structures, surface velocities. Quadratic optimisation
theory can be used in order to obtain the surface velocities that yield the minimum total
radiated power. The nature of the quadratic expression guarantees that the solution yields
the global minimum, not simply a local optimum.
Herrin et al. in [75] use the inverse boundary element method in order to predict the
sound radiation from an engine cover and a generator set. This method is a numerical
procedure where sound pressure measurements in the near field are used to predict the
vibration on a vibration structure. Once the vibration on the surface is determined, the
sound pressure in the far field can be predicted using a forward BEM analysis. This method
introduces the concept of acoustic transfer vectors (ATV). ATV’s can best be understood
using the concept of acoustic reciprocity [76]. An element in an ATV is the ratio of the
pressure at a field point to the unit normal velocity at each node of the boundary element
mesh. For multiple measurement points, acoustic transfer matrix (ATM) is used, which
is a collection of ATV’s for different points in the field. If the sound measurement data
is available, the ATM is an efficient way to predict the vibration on the surface via the
inverse problem.
Another method where researchers have tried to solve the governing partial differential
equation to predict the sound pressure is by considering only the visible elements of the
structure in the whole problem. This method is called visible element Rayleigh integral
(VERI) [77]. The Rayleigh integral can be capable of reliably predicting the sound power
particularly if a visible element enhancement is used. If the scalar product of the distance
vector of the source to the measurement point (say R) and the normal vector of the vibrat-
ing element is negative, the element is assumed to be visible from R. On the other hand, if
the scalar product is positive, the element is assumed to be invisible and its contribution
will not be considered in the Rayleigh integral calculation. This method requires minimal
pre-processing time since the finite element mesh need not be closed or coarsened. In fact,
the mesh could be identical to a structural FEM mesh in many situations. The VERI
method is also a useful tool to calculate ATM [78].
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Similar method that can be used in order to predict radiation characteristic is by using
indirect BEM [79]. The indirect BEM can be combined with a special source simulation
technique. This combination allows a rather accurate and systematic approximation of
acoustical results in major parts of the considered frequency range. ATVs are calculated
at a given frequency and they satisfy both the Helmholtz equation and the Sommerfeld’s
condition [80]. A special source simulation technique can be employed to approximate the
acoustic transfer functions (ATF) between a number of master frequencies at which they
have been calculated. This approach leads to very accurate results, not only at the master
frequencies but also at the approximated frequencies in between. A significant reduction in
computation time could be observed if needed to compute for a larger frequency spectrum.
The integration of FEM and BEM is an effective way in order to predict radiation
characteristics [81]. The FEM-BEM approach takes the advantage of the modal acoustic
transfer vector (ATV) that is particularly useful when complex structures are to be anal-
ysed. The acoustic analysis is based on the ATV concept. ATVs can be interpreted as an
assembly of the acoustic transfer functions from the surface nodes to the field points. The
structural velocities can be transferred from the FE nodes to the BE nodes by interpolation
algorithms and projected along the normal to the fluid boundary [82]. There are provisions
in the calculations to include structure-fluid interaction, making this method versatile to
suit any vibroacoustic problem.
Mostly, all acoustic predictions are based on the vibration data. But, a simple re-
duction in vibration cannot always reduce the radiated acoustic power, so the treatment
based on analysis of a structure’s vibration modes is not always effective. At the same time,
radiation modes are powerful tool for interpreting sound radiation since those modes are in-
dependent of a structure’s surface vibration. However, this alone cannot be used directly to
understand the relationship between the vibration source location and the acoustic power
radiation. Yamaguchi et al. [83] show that the radiation mode concept can be extended to
understand the relationship between the acoustic power and the driving force distribution
by considering the product of the structure’s mobility matrix and the radiation modes; the
resulting functions are defined as force radiation modes. Yamaguchi et al. present a clear
method to transform the structural modes to force radiation modes, using an example that
involves reducing the acoustic power radiated by a simply-supported baffled beam based
upon guidance provided by the structure’s force radiation modes.
Except reinforcements of structural members or application of vibration-damping pads,
beading is the only effective way to improve the structure-borne noise in a vehicle. Kim
and Yoon from Renault Samsung Motor Company show a complex problem of improving
booming noise under driving condition [84]. In order to reduce the noise inside the cabin,
noise transfer function (NTF) is improved by modifying critical panels. The critical panels
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can be located by performing transfer path analysis (TPA) and panel contribution analysis
(PCA). The critical panels are modified by stamping an optimised beading pattern, and a
reduction of NTF more than 5 dB is achieved.
Onsay et al. [19] investigate bead-stiffened panels, focussing especially on variou de-
sign parameters, such as orientation, depth, and periodicity, and their effects on equivalent
bending stiffness, modal density, radiation efficiency, and sound transmission. It is shown
that heavily beaded panels show orthotropic behaviour, and both low and high frequency
behaviours are affected by the choice of bead configuration, depth, density, and span.
Blanchet et al. specifically focus on the noise radiated from the effect of beading [20].
The importance of the optimisation of beads is highlighted if the aim is to reduce radiated
noise, otherwise the inappropriately beaded design will result in radiating more noise than
the original design.
Maressa et al. in [85] focus on the vehicle interior NVH performace, by employing a re-
duced formulation achieved by using WBS (Wave-Based Substructuring) technique along
with an efficient ATV (Acoustical Transfer Vector) approach. This publication demon-
strates the optimisation of vehicle vibro-acoustics by making use of a structural optimisa-
tion software tool in combination with an acoustic target function. The spare wheel panel
in vehicle is used as an example to demonstrate the optimisation approach. The paper also
lists some essential challenges that need to be overcome in the optimisation of the inte-
rior vibro-acoustic response when relying on the optimisation approach that considers only
structural response objectives (i.e. from modal analyses and forced response analyses) as a
basis for bead pattern creation. The objective function used is the acoustic pressure at the
virtual driver ear positions, which has been written as function of the modal participation
factors (structural only) and the velocities at strategic points of the panel. A remark is
made that the authors will focus on investigations to keep the bead panel mass constrant
in their future research.
A simple but effective strategy to optimise cabin noise, considered from a structure-
borne noise point of view, is presented by Avnish et al. [86] from Maruti Suzuki India.
Avnish et al. explain how the optimisation strategy can be based upon the numerical
predictions using FEM and BEM results. A simple strategy of topography optimisation is
presented for the design modification of the engine mounts of a small car (sub 1000 cc).
First the acoustic resonances are measured at the driver’s right ear, when the engine is
running between 2800 RPM and 3500 RPM. These acoustic resonances are matched by
each engine mount’s resonances. This is useful in order to predict the individual mount
responsible for which resonance.
2.3. Numerical Methods 27
A similar approach, illustrating the key-steps that are essential during optimisation, is
presented by the researchers from General Motors Company [87]. An example of reducing
noise from their existing oil pan design is used to support their approach. By comparing
the experimental and analytical frequency response functions (FRFs) for the oil pan, the
dynamic effect of the presence of the oil in the pan is highlighted. This demonstrates an
efficient case where structure-fluid interaction is important to be considered whilst opti-
misation. A design of experiment (DOE) is performed to identify the parameters that
influence the sound radiation from the oil pan. Subsequently, the results are used to prove
the advantages of CAE based design over DOE’s.
Faurecia have developed an in-house acoustic software called CLE (Conception de
Lignes d’Echappement) which is coupled with the optimisation process. This process
targets to tackle two different issues [88]. The first one deals with the best location of
mufflers along the exhaust line and the best volume distribution between the front and
the rear muffler. The second one assists in finding the best inner dimensions to give to a
typical rear muffler (length and hole patterns). The objective function is to minimise the
sum of the areas where the estimated tail pipe noise calculated is above the value given by
car manufacturers, for the first and the second harmonics. This type of approach explains
about another global optimisation method: the tabu search [89, 90].
Similarly, Rieter Automotive have developed a tool named GOLD (Genetic Optimisa-
tion for Lighter Damping), which can be embedded into vehicle computer aided engineer-
ing (CAE) design flow and can be then used in providing design and platform component
sharing guidance information before prototype vehicles are available [91]. The tool is very
effective in solving damping optimisation problems of full vehicle structures. The input
data required are BE and FE model of the vehicle acoustic cavity, material parameters
of all the possible damping treatments used in the optimisation, and the definition of the
damping patches, i.e. the possible damping pads applicable on the vehicle body panel. The
test is performed on the front floor of an upper class limousine car body. To speed up the
calculations of the car floor, superelement technique [64] is used to model the remaining
part of the car body. The damping areas are divided into 17 possible damping patches
and each patch is allowed either to stay bare or to carry any possible different damping
treatments.
Researchers at Ford Motors also use the example of the minimisation of sound radiation
from the oil pan [92]. Oil pan is the component which transmits structure-borne excitations
from the engine block to air. An important way to improve the NVH performace of the
oil pan is by adding beads on its surface. The natural frequency of the first mode is taken
as the factor to be maximised and is compared for vibration magnitudes of different pan
geometries generated considering various manufacturing constraints. The pan is excited in
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a broad frequency range and displacements at pre-selected locations are examined. The oil
pan geometry with the highest natural frequency of the first mode gives the lowest mag-
nitude of displacements under the excitations at different forcing frequencies. Topography
allows an easy optimisation setup, large number of design variables, identification of sheet
metal shape morphing locations, and a mass efficient solution [93]. The results from the
oil pan topography optimisation is very satisfactory; the optimization provides 11.5 Hz
improvement at the first resonance frequency and 40% overall decrease at pan deflections.
A total of 8 dB decrease in the surface of the pan normal velocity is obtained for the
frequency range of 0-1200 Hz.
Topography optimisation is considered as an effective way in designing sheet metal
parts. Its use results in reinforced sheet metal parts without increasing their mass and
thickness. The design solution results in a lower material cost, dismissing the addition of
any new component. Wang and Liao [94] show the use of beading on a sheet metal bracket,
using a design strategy based upon topography optimisation. The optimised bracket design
shows a 30% increase in its first natural frequency. The direction of the beading layout
and the geometric parameters of beads have significant effects on bracket stiffness. The
stiffness of the bracket arrives at the maximum when the width of the region with beads is
the same as the region without beads. The process of beads design is a quick and efficient
method, and it is better than other traditional processes.
Geometrical modification in the form of beading patterns on vehicle floor play an impor-
tant role in affecting cabin noise and vibration. Floor panels cover the most of the vehicle
underbody area and contribute maximum to the total weight of underbody body-in-white.
So, the selection of a beading pattern is crucial in improving the stiffness characteristics
of the floor panels, in order to control the low frequency noise and vibrations from the
floor panels. Kulkarni and Tiwari from TATA Motors India show a study of vehicle floor
beading patterns effective in reducing cabin noise and vibration [95]. In-depth study of
different beading patterns help highlight the key points that need to be considered while
optimising various plate-like structure.
Luo and Gea [96] use an energy based method to a bead orientation problem of 3D
shell or plate structure for both static and dynamic cases. The bead orientation problem
is solved by determining the optimal orientation of bending equivalent orthotropic materi-
als. A bending equivalent orthotropic model is used to calculate the flexural deformations,
which is based on the stress and strain relations of bead-stamped shell element. With the
help of numerical examples only, it is shown that the bead orientation is closely related to
the bead location, therefore, should be considered simultaneously.
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A brilliant explanation for the topic related to the use of genetic algorithms (GA) in
vibroacoustic problems is published by Ratle and Berry [43]. This publication first ex-
plains about the principle involved in the use of GA, specifically aiming for their use in
the vibroacoustic field. An example to minimise the radiation from a rectangular plate
by optimising the location of five point-masses is used to support the theory. In order to
carry out a multi-mass optimisation, first the single point-mass case is presented. Finally,
it demonstrates that the optimal solution can be found after running the GA for 2×105
function calls, whereas an exhaustive search for the similar problem would require about
1016 function calls.
Energy based methods have always been reliable when it comes to vibration prediction.
A recent publication demonstrates the inclusion of energy based calculation in the finite
element analysis. This method can be used for the purpose of predicting the interior noise
at middle and high frequency [97]. Energy finite element analysis (EFEA) is emerging
as an alternate method to Statistical Energy Analysis (SEA). As the name suggests, it
is based on energy governing equations and finite element formulations. The same finite
element model used for low frequency calculation can be utilised in EFEA. Generally, the
EFEA is a wave approach for high frequency analysis while the SEA method is a modal
approach. Since this technique is developed only a few years ago, not much literature is
available and is still debatable in many aspects.
2.4 Discussion and Summary
In this chapter, a vast review of the relevant literature is presented. The review covers
an elaborate explanation of different analytical, semi-analytical, and numerical methods
available for structural-acoustic analysis. It is observed that the analytical methods are
only suitable for simple structures and idealistic boundary conditions. The main advan-
tage of the analytical methods is that it takes less computation time and has no frequency
limitations. Whereas, the numerical methods are efficient for any shape structures but
limited only to low-frequency analysis. Despite this limitation, the numerical methods are
used extensively in initial design stage.
There are only a few publications that explain the effect of the introduction of a type of
structural modification and how such modifications influence its structural-acoustic charac-
teristics [94, 95, 96]. Moreover, the modifications suggested in the publications are periodic
in nature and generally limited in their application. Therefore, the literature survey sug-
gests that there is a gap in the domain of topographical optimisation that aims at reducing
the sound radiation from the optimised structure. So, in this thesis, the primary aim is to
develop a topographical optimisation procedure that focuses majorly on the application of
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dome-shaped indentations. However, the development of such complex optimisation pro-
cedure would require a thorough understanding of the existing analytical and numerical
structural-acoustic theories. The knowledge gained from the existing structural-acoustic
theories are then applied in order to develop a bespoke structural-acoustic optimisation
strategy.
A significant amount of literature on various numerical optimisation strategies is also
presented. It is important to understand the physics associated with the design problem
in order to choose an appropriate optimisation strategy. In this thesis, the structural
modifications introduced on the automotive-type panels are in the form of dome-shaped
indentations (generally referred to as domes). The aim of the domes is to increase the
structural stiffness locally in order to attenuate the vibrations and reduce noise radiating
from it. The size, orientation, and position of the domes result from the optimisation
process performed using a genetic algorithm. The structural modifications are directly in-
cluded in the FE model of the automotive-type panels, by changing its one of the in-plane
coordinates so that it is displaced in the normal direction.
The objective function used in this thesis is to minimise the total sound power radiated
from the automotive-type panels. The total sound power is calculated using a quadratic
equation in terms of source strengths, as described by Cunefare et al. [74]. The local mod-
ifications are in the shape of elliptical domes and are introduced directly in the FE model
of the test panels. Introducing the domes directly into the FE model eliminates the need
of remeshing the panels after every iteration. This process is fast and allows the flexibility
to choose any complex-shape structure. For the domes to stay inside the panel area, an
algorithm is used that excludes the boundary nodes of the panel from the optimisation
procedure. The shape of the domes are controlled using the equation of an ellipse, hence
the domes appear as ellipsoids. The details of the geometrical-shaped structural modifica-
tions are discussed in the next chapter.
Chapter 3
Structural Modification of Panels
From the previous chapters, it has been established that local modifications on the
structure influence its structural-acoustic characteristics. It is also established that the
local modifications need to be optimised for their desired performance. In numerical op-
timisation, such local modifications can be included in both the geometry or the finite
element (FE) model of the structure. The choice of the strategy suitable to a particular
optimisation problem will depend on the complexity of the shape of the structure. This
chapter highlights the important points to be considered in order to decide whether the
geometry based or the FE model based modification is the most suitable strategy for a
specific optimisation problem.
3.1 Introduction
In a design optimisation problem, the use of CAE tools are incorporated in order to anal-
yse the designs simultaneously. To be able to do that, there are two different types in
which the structural modification can be analysed as well as optimised. The first type is
to modify the geometry of the structure itself and then mesh the modified geometry for
further finite element analyses. This type of method is called geometry based modelling,
because the modification is implemented only on the computer aided design (CAD) part
of the structure. Alternatively, the second type is used in order to modify the FE model
directly and introduce the modifications in the model without the need of re-meshing the
structure. Both the geometry based and FE based modification methods have their re-
spective advantages and disadvantages.
Usually the FE models result from a long and exhausting manually controlled mesh-
ing procedure. So, in order to avoid re-meshing the structure, FE based modification is
preferred for quick design solutions. Generally, for topology optimisation, the FE based
modification is advisable, because for every subsequent iteration the modified FE model
will automatically be available. The only change in the modified FE model is in the po-
sition of the selected few nodes to implement the structural modifications and therefore,
the rest of the FE model parameters remain unchanged.
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3.2 Geometry Based Model Modification
3.2.1 Advantages
A parametric description of the geometry can be done by the introduction of a sufficient
number of design parameters. The number of design parameters required to sufficiently
describe a geometry is directly proportional to the complexity of the shape of the geometry.
In order to make the numerical analysis easy, these parameters can be assembled into a
column vector ν. Moreover, all parameters describe the position of single keypoints, and
keypoints being connected by lines represent the shape of the geometry. The whole set
of keypoints defines the complete geometry of a shell structure since they are connected
by interpolated splines, and areas are interpolated between the lines. This interpolated
area is required in order to generate the mesh for the FE model, which includes the nodes
and elements. An illustration of the definition of keypoints is given in Fig. 3.1, using an
example of a 1D line geometry. In Fig. 3.1(a), a simple line is described using five keypoints
(P1–P5). The figure also shows the position vectors of certain keypoints P1 and P3. So, in
order to introduce any modification, the optimisation will result in an incremenet to the
position vector of a specific keypoint. The lines connecting the modified keypoint with its
adjacent keypoints are interpolated by cubic splines. Consequently, the lines are modified
as well as the interpolated areas (for a 2D structure). In Fig. 3.1(b), it can be seen that the
modified position of keypoint P3 is introduced with increasing its position vector ν3 by ∆ν3.
(a) Original line geometry. (b) Modified line geometry.
Figure 3.1: Defining a straight line using five keypoints.
Geometry based model modification is very useful in the optimisation of large and
especially smooth surfaces like a vehicle roof [98] or a loudspeaker [99]. Its application
guarantees a great variety of new shapes since no assumptions impose any restrictions
on the process of design modification and optimisation. It can be efficient if the entire
modelling process – the process to create the FE model from the CAD data – includes
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the generation of the geometry first, i.e. prior to the meshing stage. The newly generated
CAD or geometry can be arbitrarily meshed and might be used as a multi-purpose model.
The flexibility to mesh the geometry for each iteration can be considered as a major
advantage. Speaking in terms of FE analysis, it is well-known that the linear or quadratic
shell elements provide reliable results only if the FE model satisfies a series of rigourous
element checks [14], e.g. warpage, aspect ratio, skewness, etc. The warpage value esti-
mates whether the nodes of a shell element are in a plane or not. Warped shell elements
can produce cumbersome numeric effects. A finer mesh of a curved surface may avoid this
problem since the new mesh can be easily created from the geometry.
In order to obtain high sensitivity and thus, a fast optimisation process, this procedure
follows some presumptions concering the parameterisation. The assumptions are listed as
below:
1. It is assumed that all the modifications introduced in the geometry of the shell
structure are small with respect to the fluid’s wavelength.
2. It is assumed that all the modifications introduced in the geometry of the shell
structure are small with respect to the shell structure size.
3. It is assumed that the modification mainly shifts the surface shell in its normal
directions. Also, the negative shift in the vertical direction of the nodal coordinates
is not allowed.
4. It is assumed that the modification does not effect the force excitation of the struc-
ture.
Finally, since the keypoint positions account for the design parameters, geometry based
modification can guarantee that all design parameters have similar sizes. This is preferred
in order to improve the condition of the optimisation problem.
3.2.2 Disadvantages
It is very difficult to parameterise the geometry based modifications globally for complex
structures. In a complex structure like a vehicle body frame, the distance between its two
axes depends on many criteria. If this distance is to be modified for an existing geometry,
many other points need to be considered simultaneously. In general, all length measures
cannot be simply multiplied by a certain constant factor since there are some lengths that
will be affected and some that must not be affected. Although, it is not impossible to
parameterise global measures, but it requires a significant amount of manual work.
Generally, a complex structure consists of several metal sheets and appears as a very
detailed geometry. In such complex geometries, many keypoints are required in order to
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efficiently define the shape. Thus, parameterisation will either result in a large number of
design variables if each keypoint coordinate is used as a variable, or a certain number of
keypoints need to be grouped together in order to reduce the number of design variables.
This means, one parameter would control the positions of a certain number of keypoints,
contained in a particular group. However, it would then be difficult to define local design
elements like small beads.
Although, it is an advantage to be able to mesh the geometry for each iteration, thereby,
controlling the warping conditions of the elements depending on the curvature of the struc-
ture, it shall be mentioned that a change of the mesh topology is most likely to cause dis-
continuities in the numerical analysis. Even if the discontinuities are small, it may result
in unexpected effects.
Moreover, in the case of new topology, the use of discrete influence coefficients will pro-
duce erroneous results. The concept of influence coefficients is based on the idea of solving
the acoustic boundary value problem apart from the size of the structural vibrations [98].
Using the concept of influence coefficients, only one harmonic analysis of the fluid is nec-
essary to determine the sound pressure at an observation point. However, the influence
coefficients depend on the mesh size. So, if the mesh changes, the influence coefficients need
to be recalculated or at least, they have to be estimated as continuous coefficients from
the fluid mesh at the nodes of the new structural mesh. In case of a complete reanalysis,
determination of the influence coefficient would require much more computation time than
a single structural analysis. Hence, it is a serious concern in the case of new topology.
It is a known fact that the automotive companies use very detailed structural FE
models for simulation. Often, these models result from a long and exhausting manually
controlled meshing procedure. So, it is advisable to substitute parameterisation of the
geometry based model by direct modification of the FE model. The technique of direct
FE model modification does not require the creation of a new geometry, and hence, reduce
the total analysis time.
3.3 Direct FE model modification
In this thesis, a concept that directly modifies the position of nodes of the FE mesh is
applied. To describe the concept of direct modification of FE model, it is essential to first
define the domain of modification Ωm, while its boundary is Γm. Both the modification
domain and its boundary have to be inside the domain of the structure Ωs. It is important
to understand the definition of certain global and local modification functions that should
be superimposed in order to yield the overall modification. A global modification function
can be defined everywhere on the modification domain Ωm, but it has to be zero on the
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boundary Γm. Whereas, a local modification function is zero everywhere in Ωm except on
the domain Ωlk . The index k represents the number of local modification domains and
functions, as illustrated in Fig. 3.2. In order to fulfil continuity, local modification functions
must provide a zero condition along its boundary Γlk .
Figure 3.2: Illustration of structural domain Ωs, modification domain Ωm, and four local
modification domains Ωl1 to Ωl4 .
Global and local modification functions are considered as complementary to each other.
A global function is defined on the entire domain Ωm, and cannot be shifted. In general,
the global function has a complicated structure that enables the creation of a large vari-
ety of shapes by using different parameter sets. Whereas, a local modification function
contains very few varieties of new shapes. However, their variability is the position and
direction. The local modification domain may be arbitrarily shifted inside Ωm.
After defining the modification functions, the geometry of the boundary Γm needs to
be controlled and must not be changed. As it is mentioned above, the global modification
functions must be zero at the boundary Γm. Also, all the local modification domains must
remain inside the modification domain Ωm. If two or more local modification domains are
overlapping each other, then an average modification value is used.
Usually, the modifications are controlled by providing a maximum constraint value.
Since, the complicated globally and simpler locally defined functions superimpose, it is
hardly observed that the maximum modification will actually remain in the desired inter-
val. In such a case, an overall scaling factor is introduced. This scaling will not effect the
continuity of the objective function.
Finally, it is important to control the warping of the shell elements. In order to avoid
warping, the mesh needs to be refined in those regions. With this type of modification,
the design variety is limited and only few design variables are flexible enough to provide
a number of different modifications. Increasing the number of design variables would
apparently increase the variety of new shapes but would increase the complexity of the
optimisation problem as well. Nevertheless, FE-based modification in comparison with
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geometry based modification shows the advantage of constant topology. The FE-based
modification can be adjusted according to the mesh morphing strategy chosen for the final
optimisation procedure. Many commercial software tools have their own mesh morphing
techniques, which has shown significant improvement in the parametric optimisation. In
general, the mesh morphing will enable the user to modify the original FE mesh to meet
the new mesh design. Upon using mesh morphing, only the nodal locations (of the new
domes) are changed; the grid and element IDs and any association such as contact groups
(i.e. rigid elements, boundary conditions, etc.) remain unchanged. The mesh morphing
strategy, once integrated in the optimisation cycle, can improve element quality, and to
some extent reduces the total time taken in re-meshing of the new FE models.
3.4 Examples of modification functions
3.4.1 Global modification function
As it is mentioned above, a global function is defined on the entire modification domain
Ωm. In general, because of the function itself is defined on the modification domain, this
enables the user to create a variety of designs. In order to explain this concept, a rectangular
domain is chosen for simplicity. This rectangle can be defined by constant lines of x and
y at x1 and x2 and y1 and y2, respectively. In other words, the rectangular domain of
modification is bounded by lines xmin, xmax, ymin, and ymax in the global coordinate
system. For convenience, it is presumed that the two axes of the global coordinate system
are parallel to the rectangle. The global modification function fgl can now be written as
f (x, y) = c |A (x)B (y)| with c ≥ 0. (3.1)
The modification in the orthogonal direction is controlled by limiting it to a maximum
value in the z-direction, zmax. The downward shift in the vertical direction is not allowed,
so the value in the z-direction cannot be negative. In general, it is important to fulfil the
relation
max {f (x, y)} ≤ zmax. (3.2)
To ensure that maxf(x, y) = zmax, the value of c is calculated as follows.
c =
zmax
max {|A (x)B (y)|} (3.3)
The functions A(x) and B(y) are introduced so that they require a low number of free
design parameters, refer to Eq. (3.4). Furthermore, they should allow a certain variety of
new shapes. A suitable choice consists of polynomials. These polynomials are formulated
in a way that they fulfil the zero condition at the modification boundary Γm, and freely
control the design modification.
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A (x) = (x− x1) (x− x2) a (x) , (3.4a)
B (y) = (y − y1) (y − y2) b (y) . (3.4b)
Function a(x) and b(y) still account for a global modification function and may be chosen
arbitrarily. However, a second order polynomial appears as a simple but effective selection,
as illustrated in Eq. (3.5).
a (x) =
(
x2 + p˜xx+ q˜x
)
, (3.5a)
b (y) =
(
y2 + p˜yy + q˜y
)
. (3.5b)
From Eq. (3.1), the global modification includes the product of the functions a(x) and
b(y). The coefficients that result from the product will be used as design parameters,
written as gik. So, the product formulates as
f (x, y) = g11 + g21x+ g12y + g22xy
+ g31x
2 + g13y
2 + g32x
2y
+ g23xy
2 + g33x
2y2.
(3.6)
It is possible to write Eq. (3.6) in terms of matrices, which is shown below
f (x, y) = xTG y, (3.7)
where the column matrices x and y are given as follows
xT =
(
1, x, x2
)
, (3.8a)
and
y =
(
1, y, y2
)T
. (3.8b)
The coefficients of the polynomial function in Eq. (3.6) can be arranged into a matrix G,
shown as below.
G =
g11 g12 g13g21 g22 g23
g31 g32 g33
 (3.9)
The coefficients of the matrix G can be used as the optimisation variables.
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3.4.2 Local modification function
An example of bead structure is used in order to explain the local modification function.
Again, a rectangular domain Ωm is chosen for the bead structure. The position, size, and
orientation of this rectangular domain are uniquely defined by its centroid (xc, yc), its
length l, its width w, and by an angle α that defines the orientation of the local domain
with respect to the global modification domain, refer to Fig. 3.3.
Figure 3.3: Definition of rectangular domain for a bead structure in global coordinate
system.
The above given parameters are impractical to control the bead’s rectangle to remain
inside the modification domain. This can be efficiently controlled by inscribing the rectan-
gular domain into another rectangular domain Ωs that is oriented in parallel direction to
the global coordinate system. The rectangular domain Ωs is uniquely defined by minimal
and maximal values of both x and y coordinates as xmin, xmax, ymin, and ymax.
The parameters required to define the rectangular domain can be easily calculated.
The centroid of the bead is found by
xc =
1
2
(xmax + xmin) (3.10a)
and
yc =
1
2
(ymax + ymin) (3.10b)
Moreover, from Fig. 3.3, the parameters a, b, c, and d can be easily formulated as:
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a+ b = xmax − xmin = ∆x (3.11a)
and
c+ d = ymax − ymin = ∆y (3.11b)
Substituting a, b, c, and d by l, w, and α give the non-linear system of equations
w sinα+ l cosα = ∆x (3.12a)
and
w cosα+ l sinα = ∆y (3.12b)
eliminating w and isolating l provide
l =
∆x cosα−∆y sinα
cos (2α)
(3.13)
This solution of l can cause inconvenience for the case when α approaches 45◦, the
bead length l goes up to infinity, except for ∆x = ∆y. This can be avoided by defining
a maximum condition for the angle α. Considering just the case of ∆x > ∆y, the angle
takes the form as
tanαmax =
∆y
∆x
. (3.14)
To summarise, the position, size, and orientation of a rectangular bead function is simply
described by its centroid (xc, yc), length (l), width (w), and angle (α).
After defining the position of the rectangular bead, the modification function in terms
of the local coordinates xlocal and ylocal can be formulated. A suitable choice for this
function is
flo (xlocal, ylocal) = ch
(
x2local −
l2
4
)(
y2local −
w2
4
)
(3.15)
The function flo has just one maximum or minimum in the interval (−l2 ≤ xlocal ≤ l2 , −w2 ≤
ylocal ≤ w2 ). The extreme value for this function is located in the center of the bead domain
at xlocal = ylocal = 0. Consequently, the depth of the bead (or height h) of the local
modification function is defined as
ch =
16h
l2w2
. (3.16)
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The bead function can now be written in its full definition as:
flo (xlocal, ylocal) =
16h
l2w2
(
x2local −
l2
4
)(
y2local −
w2
4
)
(3.17)
Hence, this type of local modification function can be defined by a total of six design
variables; five variables in the form of xlocal, ylocal, l, w, α to define its position, size, and
orientation, and one in the form of h to define its depth or height.
The modification function established in Eq. (3.17) is for a smooth bead structure. A
similar function can be used to create modification functions with much steeper edges. An
example of a similar function is given below.
flon (xlocal, ylocal) =
(
22
n)2
h
l2nw2n
(
x2
n
local −
l2
n
22n
)(
y2
n
local −
w2
n
22n
)
(3.18)
where
ab
c
= a(b
c). (3.19)
For n = 1, both Eqs. (3.17) and (3.18) are identical. However, it is important to un-
derstand that by increasing the numerical value of n, the modification function will keep
becoming steeper and therefore, result in highly warped shell elements in the FE model.
As mentioned in Chapter 1, the two main types of local modification used in the auto-
motive industry are swages and domes, see Fig. 1.5. The following two sections highlight
the important aspects related to both types of local modifications.
3.4.2.1 Swages
Swages are modifications of rectangular area on the automotive-type panels (Figs. 1.5(b)
and 3.4). The rectangular modifications applied on the panel need to be parameterised
and the same parameters can be used as design variables in the numerical optimisation
process. Firstly, the area in which the modification needs to take place is determined. The
swage is effectively a rectangular area defined in the x-y plane of the panel. The value of
the z-coordinate of all the nodes inside the rectangular modification area (or swage area)
is equally increased in order to create press-outs on the panel.
Using a strategy similar to the one discussed in Section 3.4.2, a rectangular modifica-
tion domain is defined for a single swage. A line with coordinates (x1, y1) and (x2, y2) is
defined to represent the length of the rectangular area or swage. The width of the swage
is defined using a variable w, as described in Fig. 3.5. The four corners of the rectangle
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Figure 3.4: Illustration of a criss-crossed swage defined using two rectangular modification
domains.
can be arbitrarily defined by four sets of coordinates (x1,1, y1,1), (x1,2, y1,2), (x2,1, y2,1),
and (x2,2, y2,2).
Figure 3.5: Definition of the rectangular modification area to introduce a swage on a panel.
Using trignometry, the coordinates of the four corners of the swage can be defined in
terms of (x1, y1), (x2, y2), and the angle θ. The angle θ defines the orientation of the
swage with respect to its global coordinate system (xglobal, yglobal). The relations are:
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x1,1 = x1 − w
2
sin (θ) (3.20a)
y1,1 = y1 +
w
2
cos (θ) (3.20b)
x1,2 = x1 +
w
2
sin (θ) (3.20c)
y1,2 = y1 − w
2
cos (θ) (3.20d)
and
x2,1 = x2 +
w
2
sin (θ) (3.20e)
y2,1 = y2 − w
2
cos (θ) (3.20f)
x2,2 = x2 − w
2
sin (θ) (3.20g)
y2,2 = y2 +
w
2
cos (θ) (3.20h)
The angle θ is defined as:
θ = sin−1
(
y2 − y1√
(x2 − x1)2 + (y2 − y1)2
)
for x2 > x1 (3.21a)
and
θ = sin−1
(
− y2 − y1√
(x2 − x1)2 + (y2 − y1)2
)
for x2 < x1 (3.21b)
So, the rectangular modification domain for a swage can be defined by five design variables:
x1, y1, x2, y2, and w. One more design variable is required to define the depth or height (h)
of the swage. The height h is the increase in the value of z-coordinate of the nodes inside
the rectangular modification area. Hence, similar to the case discussed in Section 3.4.2,
the swage modification area can be defined using a total of six design variables.
3.4.2.2 Domes
Domes are modifications of elliptical area on the automotive-type panels (Figs. 1.5(a)
and 3.6). Similar to the case of swages, the modification domain is determined first. For
a single dome, the modification domain is effectively an elliptical area defined by using
the equation of an ellipse. The elliptical area is defined on the x-y plane of the panel,
and the value of the z-coordinate of all the nodes inside the elliptical modification area
is increased to give the dome its convex shape. The value with which the z-coordinate of
each node, inside the modification domain, is increased will depend on the distance of that
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node to the center of the elliptical area. Hence, the increase in z-coordinate of a node at
the center of the modification area has a predefined maximum value, whereas the nodes at
the perimeter of the modification area do not leave the x-y plane of the panel.
Figure 3.6: Illustration of domes defined using four elliptical modification domains.
The elliptical area describing the modification domain can be defined by five parame-
ters: the coordinates of the center of the ellipse (x0, y0), the major and minor axes of the
ellipse (a, and b, respectively), and the angle θ of the ellipse with respect to the x-axis
of the global coordinate system, as illustrated in Fig. 3.7. In order to define the dome its
convex shape, the value of the z-coordinate of the nodes inside the modification domain is
increased according to the distance of the node from the center of the ellipse. For a node
located at the center of the ellipse (x0, y0), the value assigned to its z-cooridinate is a
predefined maximum value h that acts as one of the design constraints to limit the depth
of the dome. Whereas, the nodes at the perimeter of the elliptical area have a zero increase
in their z-coordinate. This suggests that the changes in the value of the z-coordinate of
the neighbouring nodes in the FE model of the panel is more smooth compared to the case
of a swaged panel.
Since the modification is introduced in the FE model directly, it is important to perform
a check for every node of the dome whether it lies inside the elliptical area defined by
the design variables shown in Fig. 3.7. This check can be done by using the following
modification function:
M (x, y, θ) =
(xd cos (θ) + y sin (θ))
2
a2
+
(yd cos (θ)− x sin (θ))2
b2
(3.22)
where xd = xn − x0, yd = yn − y0 are the distances of the nth node to the center of
the ellipse (x0, y0) in the x- and y-dimensions. The parameters in the Eq. (3.22) are
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Figure 3.7: Definition of an elliptical modification area for a dome on a panel.
illustrated in Fig. 3.7. So, for a node with coordinates (xn, yn) lying inside the modification
domain, the above equation (Eq. (3.22)) becomes negative. Whereas, for a node outside
the modification domain, the same equation has a positive value. Moreover, the exact
value of Eq. (3.22) depends on the distance of the node to the center of the ellipse given
by xd and yd. Hence, Eq. (3.22) can be used to determine the increase in the value of the
z-coordinate, zd, for the nodes inside the modification area.
zd =
[
1−
{
(xd cos (θ) + y sin (θ))
2
a2
+
(yd cos (θ)− x sin (θ))2
b2
}]
hd (3.23)
For a node at (x0, y0), Eq. (3.22) becomes equal to zero and hence, zd in Eq. (3.23) be-
comes equal to hd. For all the nodes outside the modification area, the value of hd is zero
and hence, from Eq. (3.23), zd = 0.
So, the total number of design variables required for a single dome are six. Five design
variables are used to define the coordinates of the center of the ellipse (x0, y0), the major
and minor axes of the ellipse (a, and b, respectively), and the angle θ, and one design
variable to define the maximum depth of the dome (hd).
3.5 Discussion and Summary
In this chapter, two important strategies involved in the numerical optimisation process
are discussed. The first strategy is to have the modifications included in the geometry of
the structure as a result from the optimisation procedure. This type of method is called
geometry based modelling, as the structural modifications is introduced only on the ge-
ometry of the structure and hence, for a further finite element analysis, the new geometry
needs to be re-meshed.
In section 3.2, both the advantages and disadvantages related to the geometry based
modelling are discussed. It is established that the geomtery based modelling is suitable
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particularly to structures with large and smooth surfaces, like a vehicle roof [98] or a loud-
speaker [99]. Geometry based modelling can be used to produce great variety of new shapes
since no assumptions impose any restrictions on the optimisation process. The modified
geometry is used as a completely new geometry and can be used as a multi-purpose model.
It is an advantage that the new geometry can be meshed accordingly in order to satisfy
various rigorous FE model checks. But, it shall be mentioned that changing the mesh
topology constantly is most likely to cause discontinuities in the numerical analysis. Mesh-
ing, generally, is a long and exhausting procedure and often is manually controlled. So,
re-meshing the structure after every iteration will increase the total analysis time signifi-
cantly. But the major disadvantage of the geometry based modelling is its suitability to
simple structures only.
The second type of strategy used in this kind of numerical optimisation procedure is to
introduce the modifications directly to the FE model of the structure. In order to modify
the FE model directly, it is essential to define the modificaiton domain on the FE model
itself. The modification domain can cover the structure both globally and locally. A global
modification function is defined everywhere inside the modification domain, whereas, the
local modification function is defined locally inside the modification domain, as illustrated
in Fig. 3.2. The modifications included in the FE model need to be relatively smaller in
size, so that the warpage of the shell elements can be kept under control.
In section 3.4, examples of global and local modification functions are described. The
specific examples of the local modification functions in the form of swages and domes are
illustrated too. The strategies to define the modification domain for both the swage and
dome are explained using simple trigonometry functions. In this thesis, a specific interest
is maintained on the functionality of the structural modifications in the shape of domes,
but the same strategy can also be used to introduce the modifications in the form of swages
or other simple geometrical shapes.
The drawback of using FE based modification is that the resulting design variety is
limited and only few design variables are flexible enough to provide a number of different
modifications. The increase in the number of design variables would increase the variety of
new shapes but it would also increase the complexity of the optimisation problem. Never-
theless, the advantage of constant topology in the case of FE based modificaiton suggests
its preference over the use of geometry based modifications.
Moreover, it would be worth mentioning about a recently developed computational
approach, known as isogeometric analysis, that offers the possibility of integrating finite
element analysis (FEA) into conventional non-uniform rational B-spline or NURBS-based
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CAD design tools. Isogeometric analysis allows the user to convert data between CAD
and FEA to analyse new designs during its development. This conversion is usually a dif-
ficult task as the computational geometric approach for both CAD and FEA is different.
Isogemtric analysis employs a mathematical model, commonly used in computer graphics
for generating and representing curves and surfaces, known as NURBS. Therefore, isoge-
ometric analysis can be incorporated directly into the FEA application in order to allow
the models to be designed, tested, and adjusted in a single operation, using a common
data set [100]. From the context of this thesis, in addition to the two strategies, such as
the geometry-based model modification and direct FE model modification, isogeometric
analysis can be the third type.
Chapter 4
Structural Properties of
Automotive-type Panels
This chapter includes the details of classical and numerical methods used for the pur-
pose of this research.
4.1 Introduction
Engineering analysis can be broadly divided into two categories: classical methods and
numerical methods.
Classical Methods: Classical methods are analytical approach to solve field problems
directly by forming governing differential equations based on the fundamental principles of
physics. Classical methods can be further divided into its solution types: exact solutions
and approximate solutions. Exact solutions are applicable to the differential equations
having closed form, and are possible only for the simplest cases of geometry, loading, and
boundary conditions. Hence, these limitations restrict the application of classical meth-
ods to produce exact solutions. A wider variety of classical problems can be solved using
approximate solutions to the governing differential equations. The approximate solutions
exist in the form of various series expansions, which are truncated after a reasonable degree
of convergence. Similar to the case of exact solutions, approximate solutions require simple
geometric shapes, ideal boundary conditions, and linear loads. Consequently, these solu-
tions bear little resemblance to most real-life engineering problems. However, the principal
advantage of classical methods remain in providing a high degree of insight to the problem
when dealing with more complex structures.
Numerical Methods: Numerical methods are used to address a wide range of engi-
neering problems. There are various numerical methods available, each using a different
mathematical approach, whose application depends on the nature of the engineering prob-
lem. A list of various numercial methods available is illustrated in Fig. 1.2. In this thesis,
two numerical methods in the form of the ‘finite element method’ (FEM) and the ‘bound-
ary element method’ (BEM) are used extensively and hence, the focus will remain on them
only.
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• The finite element method. The FE method offers virtually unlimited problem
generality by using elements of various regular shapes. The FE method can accom-
modate any type of loads and constraints associated with the test structure. But
the problem solution comes at the expense of the physical insight, because a finite
element solution is essentially a matrix of numbers that applies only to the particu-
lar problem posed by the FE model. Any significant changes in the FE model will
require a complete reanalysis of the problem.
• The boundary element method. The BE method is similar to the FE method,
with a reduced problem size because the elements used represent only the boundary
of the domain. The BE method approximates the functions satisfying the governing
differential equations, but not the boundary conditions. However, the application of
this method relies on the knowledge of the fundamental solution to the governing
equations, which can be difficult to obtain.
In modern automotive industry, the numerical methods have an ever increasing appli-
cation in the initial design stage. Problems that were intractable, even a few years ago, are
easily solved today using numerical modelling techniques. Nevertheless, the use of classical
methods are still in existence, as its extension serves as the guidelines in order to tackle
complex engineering problems.
4.2 Classical Solution
Warburton [25] presents the first comprehensive list of solutions for rectangulat plates for
a variety of boundary conditions. Using the Rayleigh method, the deflection functions of
the plate can be presented as the product of beam functions [23].
W (x, y) = X (x)Y (y) (4.1)
where X(x) and Y (y) are the fundamental mode shapes of beams having the boundary
conditions of the plate. The choice of beam functions in Eq. (4.1) satisfies all the boundary
conditions for the plate, except in the case of the free edge, where the shear condition is ap-
proximately satisfied. In this thesis, solutions for only three common boundary conditions
are discussed, but a complete list of solutions for all the remaining boundary conditions
can be found in Warburton’s paper [25].
Following are the three common boundary condition cases used to demonstrate the
analytical analysis of a flat plate shown in Fig. 4.1.
1. Simply Supported at x = 0 and x = a:
X (x) = sin
(m− 1)pix
a
; (m = 2, 3, 4...) (4.2)
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Figure 4.1: Details of rectangular plate.
2. Clamped at x = 0 and x = a:
X (x) = cos γ1
(
x
a
− 1
2
)
+
sin (γ1/2)
sinh (γ1/2)
cosh γ1
(
x
a
− 1
2
)
; (m = 2, 4, 6, ...) (4.3a)
and
X (x) = sin γ2
(
x
a
− 1
2
)
− sin (γ2/2)
sinh (γ2/2)
sinh γ2
(
x
a
− 1
2
)
; (m = 3, 5, 7, ...) (4.3b)
where the values of γ1 and γ2 are obtained as roots of
tan (γ1/2) + tanh (γ1/2) = 0 (4.4a)
and
tan (γ2/2)− tanh (γ2/2) = 0 (4.4b)
3. Free at x = 0 and x = a:
X (x) = 1 (m = 0) (4.5a)
X (x) = 1− 2x
a
(m = 1) (4.5b)
X (x) = cos γ1
(
x
a
− 1
2
)
− sin (γ1/2)
sinh (γ1/2)
cosh γ1
(
x
a
− 1
2
)
(m = 2, 4, 6, ...) (4.5c)
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and
X (x) = sin γ2
(
x
a
− 1
2
)
+
sin (γ2/2)
sinh (γ2/2)
sinh γ2
(
x
a
− 1
2
)
(m = 3, 5, 7, ...) (4.5d)
where γ1 and γ2 are defined in Eq. (4.4).
Similarly, the functions Y (y) can be obtained for boundary conditions at y = 0 and y = b
by replacing x by y, a by b, and m by n in Eqs. (4.2) to (4.5). The terms n and m are the
number of nodal lines in the x- and y-directions, respectively.
4.2.1 Natural frequencies of a rectangular plate
Similar to the solutions of displacement functions for various boundary conditions, the
natural frequencies for different vibration modes of the rectangulat plate (Fig. 4.1) can be
calculated using the following formula:
ω2 =
pi4D
a4ρ
{
G4x +G
4
y
(a
b
)4
+ s
(a
b
)2
[νHxHy + (1− ν) JxJy]
}
(4.6)
where the coefficients Gx, Hx, and Jx can be determined from the Table 4.2. Similarly,
the remaining coefficients Gy, Hy, and Jy can be determined by replacing x by y and m
by n.
The automotive-type panel used in the study of this thesis is a rectangular plate and its
dimensions, and material properties are shown in Table 4.1. So, from Fig. 4.1 the value of
a and b is equal to 307 mm and 208 mm, respectively. Using Eq. (4.6) and Table 4.2, the
natural frequencies can be calculated analytically for free, simply supported, and clamped
boundary conditions. Later in this chapter, the analytically calculated frequencies are
compared against numerically predicted and experimentally measured natural frequencies
for the same plate structure, see Table 4.4.
Table 4.1: Dimensions and the material properties of the automotive-type panel used for
the analysis.
Length (a) 307 mm
Width (b) 208 mm
Thickness (h) 1.2 mm
Young’s modulus (E) 210×109 N/m2
Poisson’s ratio (ν) 0.3
Material density (ρ) 7800 kg/m3
It is a known fact that all physical systems are spatially bounded and incorporate
non-uniformities of geometric form or material properties. The waves propagating in such
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Table 4.2: Coefficients described in Eq. (4.6). SS – simply supported, C – clamped, F –
free.
Boundary
condition m Gx Hx Jx
SS 2, 3, 4, ... (m− 1) (m− 1)2 (m− 1)2
C 2 1.506 1.248 1.248
3, 4, 5...
(
m− 12
) (
m− 12
)2 [
1− 2
(m− 12)pi
] (
m− 12
)2 [
1− 2
(m− 12)pi
]
F 0 0 0 0
1 0 0 12/pi2
2 1.506 1.248 5.017
3, 4, 5...
(
m− 12
) (
m− 12
)2 [
1− 2
(m− 12)pi
] (
m− 12
)2 [
1 + 6
(m− 12)pi
]
physical systems cannot progress unaltered when incident upon boundaries or regions of
non-uniformity. The resulting interaction of waves with the boundaries gives rise to the
phenomena known as refraction, diffraction, reflection, and scattering [5]. Although all
these wave phenomena may occur in solid structure, the one practically important for this
thesis is reflection. The reflection phenomenon is responsible for the sets of frequencies,
and associated spatial patterns of vibration, both of which are proper to a bounded system.
An infinitely long plate can vibrate freely at any frequency, whereas a bounded plate can
vibrate freely only at discrete natural frequencies, that are theoretically infinite in number.
The elements of the plates that are not at boundaries satisfy the same equation of motion
in both the cases. The waves reflected at the boundaries lead to the very important phe-
nomenon of resonance. It is important to note here that the term resonance is associated
with forced vibration, whereas natural frequencies are phenomena of free vibration. There-
fore, in the case of forced vibration, the equation of motion is not homogeneous anymore
and has a force input term (F ) on the right hand side of the equation of motion.
4.2.2 Modes of plate vibration
The natural mode of vibration of a linear system is a spatial pattern of free vibration with
each mode oscillating at a single frequency after all external forcing is removed [101], and
are called ‘mode shapes’. The mode shapes of rectangular plates are similar to those of
beams, but are two-dimensional. When considering the waves that reflect from the struc-
tural boundaries, there exists a superposition of waves that are going to incident on those
boundaries. This superposition phenomenon presents a complex deflection function that
is solely dependent on the structural boundary conditions.
The simplest two-dimensional structural example used in this section in order to ex-
plain the analytical analysis is of a thin, uniform, rectangular flat plate supported on all
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sides by simple supports. The simple supports will ensure that there is no transverse dis-
placement at each ends, allowing only rotatory motion. The deflection function or mode
shape of a rectangular plate with simply supported edges can simply be represented by
sine functions, as shown in Eq. (4.2). For free or clamped boundary conditions, the mode
shapes of the same rectangular plate are not simple standing sine waves. Both the free
and clamped boundary conditions lead to the edges vibrate like ‘cosh’ and ‘sinh’ functions,
thereby making the analysis more tedious.
So, the transverse displacement field of a given mode shape of order (m,n) for the same
rectangular plate used above but considering simply supported boundary conditions at its
edges is:
Xmn (x, y) = 2 sin
(mpix
a
)
sin
(npiy
b
)
; (m,n = 2, 3, 4...) (4.7)
and the corresponding resonance frequencies of the modes are (equivalent to Eq. (4.6))
ωmn =
√
D
ρh
∣∣∣k¯mn∣∣∣2 =
√
D
ρh
[(
mx
a
)2
+
(
ny
b
)2]
(4.8)
k¯mn =
−→
i km +
−→
j kn =
−→
i
(
mpi
a
)
+
−→
j
(
npi
b
)
(4.9)
where the term D is flexural rigidity described in Eq. (4.10), ρ is structural density, and h
is the plate thickness equal to 1.2 mm. The term km and kn are the modal wave numbers
in x- and y-directions, respectively.
D =
Eh3
12 (1− ν2) (4.10)
where E is Young’s modulus, h is the thickness of the plate, ν is Poisson’s ratio.
It is clear from Eq. (4.9) that the wavenumber is a two-dimensional wavevector, since
the bending waves travel in the plate’s xy plane. Moreover, squaring the magnitude of the
wavevector (Eq. (4.8)) determines the resonance frequency of the rectangular plate.
Table 4.3 presents a graphical illustration of all the mode shapes for the simply sup-
ported rectangular plate analysed in this thesis, as per the mode sets defined in Table 4.4.
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Table 4.3: Mode shapes of the flat automotive-type panel used in the study of this thesis.
(m,n) Isometric view Plan view
(1, 1)
(2, 1)
(1, 2)
(3, 1)
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Table 4.3: (continued)
(m,n) Isometric view Plan view
(2, 2)
(3, 2)
(4, 1)
(1, 3)
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Table 4.3: (continued)
(m,n) Isometric view Plan view
(2, 3)
(4, 2)
(5, 1)
(3, 3)
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The assumption used in the classical approach thus far is that the rectangular plate
must be thin. The definition of a thin plate is that the plate thickness is assumed to
be considerably small compared to other characteristic dimensions of the plate. This
assumption is necessary because in the case of thick plates, important factors like shear
resistance and rotary inertia cause complexities in computing modeshapes and resonance
frequencies using a closed-form equation, since the relationship between the wave speed
and frequency becomes significantly complicated.
4.2.3 Forced vibration response functions
In the previous section, the case discussed is of the free vibration of the automotive-type
panel used in this thesis. The term ‘free vibration’ is used to represent the absence of any
applied loads and deals with natural characteristics of the structure, where these natural
vibrations occur only at discrete frequencies. Free vibrations are solely dependent on the
geometry and material of the structure, and vary the response based on the initial con-
ditions supplied as various sets of boundary restrictions. Alternatively, the term ‘forced
vibration’ is used when there is the application of time-dependent loads, necessary in order
to analyse the behaviour of the structure under operating conditions.
In this thesis, it is assumed that the fluid in the vibrating medium is incompressible
in nature and does not exert any type of loading on the structure, thereby the structural
response is produced solely because of the external forcing function used in the analysis.
Excluding the extreme loading conditions, the external exerted force is assumed to produce
a proportional structural motion, satisfying the conditions necessary for a linear system for
the analysis. The measure of the structure’s vibrational response (velocity) when driven
by a fluctuating force is called mobility. Moreover, if the measurement point coincides with
the excitation point, assuming that the excitation is concentrated to a point, the measured
response is called point mobility ; otherwise, the response is called transfer or cross-mobility.
The term mobility can be precisely defined as the complex ratio of two phasors, the
first of which is the velocity v across the structure, and the second of which is the force F
transmitted through the structure. The solution of the governing differential equation of
motion will produce the structural displacement function w, which on differentiating with
respect to time gives the required velocity function.
An important case used for theoretical understanding of mobilities is of infinite struc-
tures. A structure is effectively infinite when the waves reflected from the boundaries are
very weak with respect to the original waves emanating from the driving point. The infinite
mobility can be useful for the following purposes:
• Its use is essential in performing engineering estimates of proposed material changes.
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• It is useful for scaling mobilities measured from different structures that are identical
in geometry but made of different materials.
• It is useful in checking the accuracy of mobility measurement. Since the vibration
amplitudes decrease with the increase in damping, the mobility approaches the mean
levels of an infinite structure.
In this thesis, the infinite plate mobility is constantly used in order to check the accuracy
of the mobility functions, both calculated and measured. The point-mobility function for
an infinite plate is calculated by:
Yinf =
(
v
F
)
inf
=
1
8
√
Dρh
(4.11)
Again, the relatively simple case of a simply supported plate of the dimensions as
mentioned in Table 4.1 is chosen for the purpose of explaining the classical approach. De-
spite this choice, the mathematical analysis necessary to derive the closed form solution
is quite complicated and the modal summation approach is therefore applied. In order
to implement the modal summation approach, it is necessary to know the natural modes
of the structure. The natural modes of a structure are those at which it freely vibrates
following the cessation of excitation. The natural modes occur at discrete frequencies, and
associated with these frequencies are spatial velocity distribution and other similar field
variables. The response of a natural mode to any form of dynamic excitation is propor-
tional to the modal excitation. Thus, the total response of the structure is the summation
of the response of individual modes spanning the entire frequency range of interest.
The complex out-of-plane mobility Y (x, y) for a rectangular simply supported plate
driven by a point force F at (xo, yo) is:
Y (x, y) =
v (x, y)
F (xo, yo)
=
iω(
ρhab
4
) × ∞∑
m=1
∞∑
n=1
[{
sin
(
mpix
a
)
sin
(npiy
b
)}× {sin (mpixoa ) sin (npiyob )}
ω2mn (1 + iη)− ω2
]
(4.12)
In order to calculate the point mobility, the response coordinates (x, y) will coincide with
the force coordinates (xo, yo).
The mode shapes of the plate, i.e. the sine functions in x and y directions (Eq. (4.7)),
appear as functions of both the force (xo, yo) and response (x, y) locations. The mass
function of the plate appears in the denominator of the mobility Eq. (4.12), where the
modal mass (ρhab/4) of each mode shape is 1/4 of the total plate mass. This is true only
for simply supported, homogeneous plates. However, the modal mass of any mode shape
is always a fraction of the total static mass, and for higher order mode shapes of plates
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with various other boundary conditions, the 1/4 factor is a reasonable approximation.
Therefore, the mobility is inversely proportional to mass, and it proves why lightweight
structures generally have high mobilities. Finally, it is clear from the frequency term in
the denominator of Eq. (4.12) that the modes excited at forcing frequencies ω near their
resonance frequency ωmn will respond quite strongly. To control the mobility response
from going to ∞, the damping term (1 + iη) is used with η being the loss factor.
(a)
(b)
Figure 4.2: Point mobility contribution of individual modes of a simply supported rectan-
gular plate driven and measured at x = 197 mm, and y = 128 mm.
In Fig. 4.2(a) the point mobility from the individual modes up to 1000 Hz for the
rectangular plate described in Table 4.1 with simply supported edges is shown. This is
a finite plate case, so the ongoing incident waves will be travelling back because of the
reflections from the boundary condition. Both the incident and reflected waves will either
destructively interfere, or constructively interfere to produce the total response output of
the structure. The constructive interference, termed as resonance, causes the ‘standing
waves’ appear with high vibration amplitudes and not appearing as the waves are trav-
elling at all, but as a stationary wave that oscillates at specific frequencies. In reality,
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the standing wave is comprised of incident and reflected waves that move at finite speeds.
Whereas, the destructive interference is termed as anti-resonance, which occurs when the
reflected waves return to the driving point in antiphase with the original incident wave.
The total mobility function for the plate under consideration is shown in Fig. 4.2(b), where
the anti-resonances represent a minimum in the magnitude of point mobility functions.
In the case of transfer mobility functions, where the driving and measuring points do
not coincide, the possibility of anti-phase superimposition of incident and reflected waves
is quite low. Hence, this will lead to the case where some subsequent resonances do not
always alternate with anti-resonances. This phenomenon is shown in Fig. 4.3, where the
driving and measuring points are non-coincident.
Figure 4.3: Transfer and point mobility plots of a simply supported rectangular plate
driven at xo = 110 mm, and yo = 80 mm and measured at x = 197 mm, and y = 128 mm.
Although classical methods are useful for estimating structural vibrations and the mean
effects of changes to spatial parameters like Young’s Modulus, and density, sometimes more
exact knowledge of the vibration modes and mobilities of complex structures is required.
So, in order to analyse the structure in greater details, the most popular structural mod-
elling method, i.e. finite element method (FEM), is often used. FEM is a numerical
technique, where the test structure is subdivided into small increments, each of which be-
haves according to assumed local functions, usually linearly or quadratically. For simple
structures, finite element (FE) models can be constructed quickly without a significant
manual effort. Then the modes of the FE model can be computed using one of the many
commercially available FE solvers, such as Nastran, Abaqus, etc.
When compared with the classical methods, the FE results will show a minor discrep-
ancy in the predicted resonance frequencies, which are usually caused by the mismatches
between the FE model and the actual geometries, and material properties. But the major
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drawback of the FE analysis is that at very high frequencies, when the structural wave-
lengths are shorten to the point where they are similar to the size of the finite elements,
the FE model becomes inaccurate. So, in order to overcome those drawbacks, a simple rule
of thumb is to use at least six, or preferably eight elements, in order to model a structural
wavelength [102]. It is assumed that a wavelength of any size can be described with suffi-
cient precision by using six finite elements, to be able to define the deflection of a particular
mode shape, as shown in Fig. 4.4 . The wavelengths for a given analysis frequency can
Figure 4.4: Description of a wavelength using six elements.
be estimated using the following formulas defining the relation between wavelength and
frequency, and the associated wavespeed:
λ =
cB
f
(4.13a)
and
cB =
(
Dω2
ρh
) 1
4
(4.13b)
where λ, f , and cB are wavelength, frequency, and the flexural wavespeed, respectively.
Whereas, the terms D, ω, ρ, and h mean the same as explained earlier in this chapter.
4.3 Numerical Solution
In this thesis, the structural numerical-analysis is performed using FEM and the results are
computed using a commercial solver called Nastran R©. The finite element analysis (FEA)
seeks to approximate the behaviour of the structure, under general loading and constraint
conditions, using an assembly of discrete finite elements. The finite elements used for this
purpose are generally regular geometric shapes and have known solutions. Moreover, the
behaviour of the whole structure can be obtained by analysing the collective behaviour
of the finite elements. For thin automotive-type panels, 2D quadrilateral shell elements
(CQUAD4) sufficiently produce the desired results. It is not the intention here to explain
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the entire FE theory but only the matter important from the point of view of this thesis.
For a more detailed explanation, the interesterd readers are directed to [9, 103], along
with Nastran R© release notes [64] in order to help associate the commercial solver with the
fundamental theories.
Each automotive panel can be assumed as a component to a big structural system.
So, in order to assess the dynamic interaction between the component and its supporting
structure, it is essential to compute both the component’s and the structure’s natural
frequencies and mode shapes. For example, if a reciprocating spark-ignited engine is to
be installed inside a vehicle, it is necessary to determine if the operating frequency of the
engine is close to one of the natural frequencies of the vehicle body panels. If the frequencies
are close, then the engine operation may lead to unnecessary vibrations. Hence, the first
step of any dynamic analysis is to determine the natural frequencies and mode shapes of
the test structure with damping neglected.
4.3.1 Normal modes analysis
The required spatial parameters can be obtained by solving the classical governing differ-
ential equation of motion described by Eq. (4.14).
D∇4w + ρ∂
2w
∂t2
= 0 (4.14)
where D is the flexural rigidity (Eq. 4.10), ρ is mass density per unit area of the plate, t
is time, and ∇4=∇2∇2, where ∇2= ∂2
∂x2
+ ∂
2
∂y2
is the 2D Laplacian operator. But since the
structure is now discretised into finite elements, the equation of motion needs to be solved
for every element. Hence, Eq. (4.14) can be reduced to its equivalent matrix form as:
[M ] {w¨}+ [K] {w} = 0 (4.15)
where [M ] is mass matrix, and [K] is stiffness matrix. The derived Eq. (4.15) is the
equation of motion for undamped free vibration. The solution to this equation is assumed
to take up a harmonic form and therefore,
{w} = {φ} sinωt (4.16)
where φ is the eigen vector or mode shape, and ω is the circular natural frequency. As-
signing a harmonic solution to Eq. (4.15) signifies a physical importance, which means
that all the degrees-of-freedom of the vibrating structure move in a synchronous manner.
This eradicates the numerical complexities arising because of the increasing amplitude with
higher order vibration modes, by assigning equal weightage to every vibration mode.
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Eq. (4.15) can be further modified by differentiating Eq. (4.16) twice and substituting
it back into Eq. (4.15), as shown below:
− ω2 [M ] {φ} sinωt+ [K] {φ} sinωt = 0 (4.17)
which after further simplifying becomes an eigen value problem, as following:
(
[K]− ω2 [M ]) {φ} = 0 (4.18)
The only non-trivial solution to Eq. (4.18) is when (φ 6= 0), suggesting that the determinant
of the first term in Eq. (4.18) is equal to zero.
det
(
[K]− ω2 [M ]) = 0 (4.19)
The determinant can be equal to zero only at a set of discrete eigen values ω2i . Moreover,
there is an eigen vector φi that satisfies Eq. (4.18) corresponding to each eigen value. Each
eigen value and eigen vector define a free vibration mode of the structure, with the i-th
natural frequency represented as below:
fi =
ωi
2pi
(4.20)
Using the same rectangular panel as described in Fig. 4.1 and Table 4.1, the natu-
ral frequencies are numerically predicted for the various boundary conditions in order to
compare against their equivalent theoretically calculated values.
A complete dynamic analysis of the full vehicle body will involve millions of discretised
elements, with numerous loading and boundary conditions. This will significantly increase
the overall analysis time, thereby slowing the whole design development process. So, in
order to simplify the analysis, each automotive panel can be analysed independently by as-
signing proper boundary conditions. Each individual panel can be assumed to be isolated
from the rest of the vehicle structure by imposing similar restrictions at its edges as it
would have when being a part of the vehicle body. The automotive-type panel considered
in this thesis simulates a reduced scale floor panel cut out from the vehicle body-in-white
(BIW). This substructuring technique is used in analysing the substructure models, in
order to speed up the design process.
Substructuring is a useful technique, where it is not necessary to solve the full FE
models, and only substructure models are analysed for quick design developments. The
approach followed in this thesis is inspired by the method proposed by Mansinh et al. [55],
by defining translational and rotational restrictions at the edges of the panel to isolate
it from the rest of the vehicle body but still keeping its dynamical characteristics. The
value for the translational and rotational stiffness used in the numerical analysis (and
optimisation, which is presented in Chapter 6) is 1010 N/m and 5000 Nm/rad, respectively.
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Table 4.4: Comparison of numerically predicted and theoretically calculated natural fre-
quencies (in Hz) of the test panel under different boundary conditions.
(m,n)
Simply-supported Clamped Free
Theoretical Numerical Theoretical Numerical Theoretical Numerical
(1, 1) 99.81 99.7 189.31 188.4 66.68 68.1
(2, 1) 194.02 193.6 295.93 294.0 153.03 153.6
(1, 2) 305.05 304.7 461.37 459.0 205.96 209.4
(3, 1) 351.04 350.3 475.18 471.8 280.78 270.2
(2, 2) 399.26 398.1 560.87 556.5 326.89 307.6
(3, 2) 556.27 554.1 728.97 717.0 486.26 462.5
(4, 1) 570.86 569.8 722.28 722.8 466.07 458.7
(1, 3) 647.10 646.3 872.42 868.3 472.37 461.6
(2, 3) 741.31 739.2 970.27 957.5 601.45 627.9
(4, 2) 776.10 772.6 967.05 962.5 688.40 697.0
(5, 1) 853.49 851.8 1034.40 1027.0 714.05 754.1
(3, 3) 898.33 894.0 1132.20 1122.1 784.14 829.3
These stiffness values simulate the conditions significantly close to the theoretical clamped
boundary conditions [42]. Therefore, from here on, the test panels are analysed for clamped
boundary conditions along all its edges. Moreover, the motivation to maintain clamped
boundary conditions throughout the investigation is acknowledged from the fact that when
the isolated body panel becomes the integral part of the vehicle BIW, the boundary edges
are either riveted or seam welded to its neighbouring panels, imposing neither translational
nor rotational motion at the edges.
4.3.2 Frequency response analysis
The ‘theoretical’ frequency response analysis is briefly explained in Section 4.2.3. Sim-
ilarly, a ‘numerical’ frequency response analysis is used to compute structural response
from a finite number of elements of the discretised structure, under steady-state oscillatory
excitation. In any frequency response analysis the excitation is explicitly defined in the
frequency domain. An equivalent time domain analysis is termed as ‘transient response
analysis’, which is useful in order to compute the behaviour of a structure subjected to
time-varying excitation. Since, in this thesis, only steady-state or harmonic forcing of the
structure is considered, this section restricts the discussion to frequency response analysis
only.
The important results from the frequency response analysis usually includes structural
displacements, velocities, and accelerations. The predicted response are always complex
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in nature, thereby defined as magnitude and phase. The complex response is also consid-
ered to be defined in real and imaginary components, which are vector components of the
response in the real and imaginary plane. The imaginary or phase term in the response is
important because the response usually shifts in time due to the damping in the system.
As a result of this phase shift, the peak of the oscillatory loading no longer occurs at the
same time as the peak response. So, in order to incorporate the structural damping, a
value of 3% is used for automotive trim panels and 1% for the case when considering the
whole BIW [14].
The frequency response analysis followed in this thesis utilises the mode shapes of the
structure computed from its normal mode analysis and the solution for a particular forcing
frequency is obtained through the summation of the individual modal responses. The name
given to this solution type in the commercial software used in this research, i.e. Nastran R©,
is SOL111 [64]. The use of mode shapes of the test structure reduces the size, uncouple
the equations of motion, and makes the numerical analysis more efficient. Since the mode
shapes are typically a characterisation of the structure, this type of frequency response
analysis is a natural extension of a normal modes analysis.
The first step in the analysis is to transform the variables from physical coordinates
{w(ω)} to modal coordinates {ξ(ω)}, thereby modifying Eq. (4.16) as following
{w} = [φ] {ξ} eiωt (4.21)
When using modal damping, each mode has damping bi, where bi = 2miωiζi, and the term
ζ defines the modal damping ratio. The equation of motion remains uncoupled and takes
the form as below:
− ω2miξi (ω) + iωbiξi (ω) + kiξi (ω) = Fi (ω) (4.22)
where, for each mode, the modal response is computed by
ξi (ω) =
Fi (ω)
−miω2 + ibiω + ki (4.23)
So far in this chapter, important analytical and numerical methods are explained which
are essential for the investigation of different automotive-type panels described in this the-
sis. In the next section, different panel designs with varying number of structural modifi-
cations in the shape of dome-shaped indentations are investigated. The basic design of a
four dome-shaped indentations on the panel is inspired from the preliminary optimisation
results. Moreover, Chapter 6 is solely dedicated to demonstrate the numerical optimisation
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technique used in this research, whereas the current chapter describes only the structural
characteristics associated with the indented panels. All the panel designs are investigated
to observe any change in their structural properties after the inclusion of the structural
modifications. In order to support the approach presented in this thesis, the numerical
analyses are validated by their equivalent experimental measurements.
4.4 Investigation of different automotive-type panel designs
In this section, the details of the four different types of automotive panels investigated,
along with their FE models, are presented. In order to observe any improvement in the
structural and acoustic response from the structurally modified panels, an equivalent flat
panel is considered as a base design. Each panel used in the investigation has the same
thickness of 1.2 mm and is made of steel. The clamped boundary condition is achieved by
using a metal frame rig, where the panel under investigation is sandwiched between the two
sub-frames and are clamped around its edges by using bolts. A detailed illustration of the
experimental setup, along with the testing procedure followed, is also presented. Similar
setup and testing procedure are followed for the acoustic analysis, which is described in
the next chapter (Chapter 5).
4.4.1 Test panels
As mentioned before that a detailed explanation of the optimisation procedure used in
this research is presented in Chapter 6, only a small amount of information is needed to
understand the origination of the test panel designs. The optimisation technique uses a
symmetery-based approach, where only one dome-shaped indentation is optimally placed
and the remaining domes are placed based on symmetry. Thus, a rectangular panel can
be divided into four quarters and the ideal dome location is identified by optimising one
quarter of the panel, and then replicating this location symmetrically on the remaining
quarters of the panel. This particular technique of ‘divide and conquer’ has a significant
reduction in the computation time compared to optimising each dome-shaped indentation
separately. However, this symmetry-based approach is only suitable for geometrically sym-
metrical panels, for example, rectangular and circular panels.
The design resulting from the initial, trial, optimisation runs suggested the placement
of one dome-shaped indentation at each of the four corners of the flat test plate. So, four
rectangular test panels, each with one, two diagonally opposite, two adjacently opposite,
and four domes, respectively, are designed in order to investigate the effect of the change
in structural and acoustic response relative to the increase in the number of indentations.
Both the sizing and positioning of the dome-shaped indentations are intuitively chosen, but
are inspired from the preliminary optimisation results. The design details and dimensions
of the intuitively designed panels are illustrated in Fig. 4.5. The different panels used in
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this research are assumed to be cut out from the same sheet of metal, which has a thickenss
of 1.2 mm.
During the fabrication of the intuitively designed panels, it was observed that any in-
dentation deeper than 6 mm showed a warping effect on the panel. The warpage was even
more with increasing the number of indentations. So, the deepest indentations that could
be impressed on the panels were restricted between 5–6 mm. This limitation was later
used as a design constraint during the optimisation, as shown in Chapter 6.
The finite element implementation of the test panels are carried out using the most
common and commercially available CAE tools. The geometry of the test panels are mod-
elled in CATIA R© and discretised into their respective FE models in HYPERMESH R©. The
number of grid points and discretised elements in each FE model varies in each panel
design, in order to accommodate the specific shape and number of the dome-shaped in-
dentations. In general, the test panels are comprised of approximately 2666 grid points
accounting for 2562 quadrilateral shell elements, which sufficiently satisfy the theory of at
least six elements per wavelength for the maximum frequency value of interest [102].
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Figure 4.5: Intuitively designed test panels. All the dimensions are in mm.
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4.4.2 Experimental setup and testing procedure
A total of six panels are investigated, five of which are presented in this chapter (the final
optimised panel is analysed in Chapter 6) – four panels with intuitively placed one, two,
and four domes, as illustrated in Fig. 4.5, along with a reference flat panel. Each panel was
placed, in turn, inside a metal frame in order to achieve a clamped boundary condition
along its edges. The block diagram of the experimental setup and a detailed graphical
illustration of the metal frame rig used, are presented in Figs. 4.6 and 4.7, respectively.
Figure 4.6: Schematic representation of the experimental apparatus.
Each test panel was excited over a frequency range of 0 to 1.25 kHz using an electrody-
namic exciter located at the coordinate 110 mm in x-direction and 80 mm in y-direction
assuming the origin at the left-hand side bottom corner of the panel. The applied force
and response acceleration signals were acquired using an LDS FOCUS II multi-channel
real-time dynamic signal analyser together with a PCB Piezotronics integrated circuit
piezoelectric (ICP) shear accelerometer type 352C33, a Bru¨el & Kjær force transducer
type 8230-C-003 and a Bru¨el & Kjær conditioning amplifier type 7749.
The accelerometer is a type of transducer, which measures the acceleration at a point
on the structure. The configuration of an accelerometer consists of a seismic mass sitting
on top of a piezoelectric crystal, both resting inside the accelerometer body. Therefore,
the force exerted on the crystals is equal to the inertia force of the seismic mass. Thus, as
long as the accelerometer body and the seismic mass move in tandem, the output of the
accelerometer will be proportional to the acceleration of its body, and thus of the structure
to which it is attached. In this thesis, a firm attachment of the accelerometer body to
the vibrating structure is maintained using beeswax. Similarly, force transducers are also
simple piezoelectric type transducers, which produces an output voltage proportional to
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the force exerted accross its crystals.
At this stage, it becomes important to explain that the response indicated by the volt-
age output of the crystals will always be slightly different from the force applied by the
shaker, and also from that transmitted to the structure. This error takes place because
at near resonance the actual applied force becomes very small and is thus very prone to
inaccuracy. Physically, what is happening is that a fraction of the measured force is being
used to move the extra mass (transducer’s body and thick layer of adhesive used to attach
the transducer to the structure) so that the force actually applied to the structure is the
measured force minus the inertia force of the additional mass, stating that the transmitted
force will always be greater than the measured force. For example, if the transducer is
placed near an antinode of a particular mode, then the apparent mass will tend to be
relatively small, thereby suggesting some mass cancellation. However, if both the force
and response (accelerometer) transducers are moved to another position which is near a
nodal point of that same mode, where the apparent mass is much greater, thereby making
the apparent mass less significant, the mass cancellation correction is less urgent [104].
Therefore, it is advisable to choose both the force and response transducers of signficantly
lighter weight as compared to the test structure.
Figure 4.7: Test rig used to achieve clamped boundary conditions around the panel’s edges.
The boundary conditions are achieved by placing the test panel between the two sub-
frames and clamping it using a total of 16 bolts, as illustrated in Fig. 4.8(a). The lower
sub-frame has grooves around its periphery, with the depth equal to the thickness of the
panel, in order to stably rest the panel, as shown in Fig. 4.8(b). The second sub-frame is
then laid over the panel and clamped to the whole rig with the help of bolts.
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(a) Two sub-frames opened apart. (b) Grooves cut at the base for the panel to rest.
Figure 4.8: Detailed illustration of the test rig used to achieve clamped boundary condi-
tions. The corner circled in red in Fig. 4.8(a) is enlarged in Fig. 4.8(b).
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Figure 4.9: Measured and numerically predicted mobility comparison of the reference flat
panel.
In order to gain confidence in the test rig, i.e. to verify if it simulates the clamped
boundary conditions around the panel’s edges, Fig. 4.9 presents a comparison of the mod-
ulus of the measured and numerically predicted point mobility of the flat panel described
in Fig. 4.1 and Table 4.1. It can be seen in Fig. 4.9 that there is a good agreement between
the measured and the predicted values, thus indicating that the experimental test rig can
achieve the desired clamped boundary conditions. The measured resonance frequencies can
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be matched with the theoretical and numerically predicted resonance frequencies listed in
Table 4.4, and are observed to be in good agreement for up to 700 Hz.
4.4.3 Structural results
The prime motivation to use the geometrical modifications on a vehicle’s body panels is to
increase its structural stiffness, thereby reducing the flexural vibration amplitude. There
exists many different techniques that are employed in order to increase the structural stiff-
ness of body panels, e.g. by using stiffener beams or rods, loading the panels with point
and distributed masses, etc., all of which as a result show an increase in the bulk weight of
the panels. Whereas, upon using the geometrical indentations as means of increasing the
structural stiffness does not add any additional weight onto the panels. Therefore, even a
minor increase in the stiffness resulting from the indentation can be justified, because the
bulk weight of the panel remains unchanged.
The panel designs used for the purpose of this research is assumed to behave as a linear
system. So, the panel structure is modelled using elastic shell elements in FE analysis,
which can be represented as an equivalent mass-spring-damper-like system, thereby, con-
firming that the natural frequency of the system is directly proportional to the square root
of stiffness of the structure, see Eq. (4.24).
fn =
(
1
2pi
)√(
k
m
)
(4.24)
where fn = the natural frequency, k = stiffness, and m = mass. Therefore, it can be
intuitively observed in stringed instrument such as piano, violin, or guitar that the larger
strings have more mass and hence, tend to vibrate at lower frequencies compared to the
smaller strings. Likewise, as a string is tightened, thereby, implying an increase in stiffness,
the resonant frequency increases. Similar phenomena can be observed in the field of rotor
dynamics, where if a rotor loses mass (e.g. through loss of a rotor blade) it will show an
increase in resonant frequency. If the rotor decreases in stiffness (such as via a crack, or
change in bearing clearance) it will show a decrease in resonant frequency.
On numerically analysing the various design panels investigated in the underlying re-
search, it can be clearly observed that by increasing the number of indentations, the res-
onant frequencies keep shifting to a higher frequency zone. Table 4.5 contains the numer-
ically predicted natural frequencies of the test panels shown in Fig 4.5, analysed under a
clamped boundary condition. The first column of Table 4.5 lists the natural frequencies of
a reference flat panel, which clearly demonstrates the subsequent increase in the natural
frequencies with the increase in stiffness by increasing the number of dome-shaped inden-
tations.
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Table 4.5: Tabular comparison of numerically predicted natural frequencies (in Hz) of the
intuitively designed test panels shown in Fig. 4.5.
Flat Plate One dome Two-adjacentdomes
Two-diagonal
domes Four domes
188.4 190.0 191.4 191.6 194.3
294.0 294.5 295.0 295.1 296.3
459.0 464.3 469.8 470.7 484.4
471.8 482.7 493.4 494.6 519.9
556.5 565.6 578.0 576.1 600.4
717.0 720.3 742.8 721.9 765.4
722.8 743.0 749.0 764.7 775.2
868.3 884.5 891.5 908.2 939.1
957.5 959.2 967.3 967.0 977.0
962.5 998.3 1016.0 1032.9 1065.6
1027.0 1039.3 1061.1 1045.3 1101.9
1122.1 1137.5 1166.6 1151.8 1193.1
Table 4.5 is supported with the respective mobility function plots for each of the test
panels used in the underlying research. From the mobility functions, it can be observed
that a shift of the resonant frequencies clearly displays the increase in the structural stiff-
ness. It can be seen that on comparing the test panel with only one dome against its
flat counterpart, there is not a significant shift in the resonant frequencies, which is also
illustrated in Table 4.5. Therefore, from Fig. 4.10, only a slight movement in the resonant
peaks can be observed.
Theoretically, it can be assumed that increasing the number of indentations will in-
crease the structural stiffness. Therefore, it becomes necessary to observe the dynamical
behaviour of the test panels with the increasing number of indentations. In Figs. 4.11 and
4.12 are shown numerically predicted mobility comparison for the two panels, each with
two domes placed adjacently and diagonally, respectively, with their equivalent flat panel.
Another interesting comparison can be made for the panels with adjacent and diagonal
placement of two domes, see Figs. 4.5(c) and 4.5(d). In the numerical optimisation strategy
followed in the underlying research, the number of domes is a design constraint. Therefore,
in the case of using two domes per panel as a design constraint, every iteration will result
in a panel with a maximum of two domes, but keep on varying their orientation until the
final iteration. This design constraint is important from the automotive industry’s point
of view, because for a few specific panels the number of domes needs to be restricted due
to packaging limitations. From Fig. 4.13 it can be clearly observed that numerically the
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Figure 4.10: Numerically predicted mobility comparison between one-domed panel and its
flat counterpart.
Figure 4.11: Numerically predicted mobility comparison between two-adjacently placed
domes on a panel and its flat counterpart.
different dome-placement does not affect the stiffness significantly.
Based on the same theoretical assumption that the structural stiffness increases with
increasing the number of domes, it can be accepted that the panel with four domes is
the stiffest amongst all the test panels illustrated in Fig. 4.5. Fig. 4.14 shows a predicted
mobility comparison for the panel with four domes against its flat counterpart, and it is
clearly observed that this design shows the maximum shift in resonant peaks, which is also
supported in the Table 4.5.
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Figure 4.12: Numerically predicted mobility comparison between two-diagonally placed
domes on a panel and its flat counterpart.
Figure 4.13: Numerically predicted mobility comparison between two-adjacenlty and two-
diagonally placed domes on the panels.
So far in this section, an illustration of the frequency response function demonstrating
the shift in natural frequencies is presented, which provides a mean in order to investigate
the improvement in the base design. Another important characteristic that helps in further
investigation is by observing the flexural mode shapes at certain frequencies. With the help
of mode shapes, many different modes of vibration for the test panels can be graphically
presented. The shifting of the resonance frequencies into higher frequency zone will also
affect the flexural mode shapes of the underlying test panels. It can be understood that
the effect from the imposition of only one dome is not likely to increase the structural
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Figure 4.14: Numerically predicted mobility comparison between the panel with four domes
and its flat counterpart.
stiffness to a worthwhile limit, but the distinction in its comparative mode shape can
clearly demonstrate the increase in stiffness to the area near the impressed dome. Fig. 4.15
shows a comparison of (2,1) mode of the one-domed panel and its reference flat panel.
From the Fig. 4.15 it can be observed that the placement of the dome is in the one-half of
the mode shape, thereby flexuring relatively less in the same half. The interesting point to
note from the Fig. 4.15 is that even though the maximum displacement of the one-domed
panel (≈ 3.14 mm) is higher than the flat plate (≈ 2.94 mm), the maximum flexing occurs
in the panel-half without the dome.
(a) Flat panel modeshape at 459.0 Hz. (b) One-domed panel modeshape at 464.3 Hz.
Figure 4.15: Compariosn of mode (2,1) between the panel with one dome and the reference
flat panel.
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When similar comparisons made for the test panel with four domes against the reference
flat panel, for (1,3) mode that also demonstrates a significant amount of increase in the
natural frequency because of the four domes (from 471.8 Hz to 519.9 Hz), the maximum
displacement is still higher for the domed-panel. Nevertheless, the increase in stiffness in
the domed-panel will demonstrate reduced flexural vibration, because the higher maximum
displacement value occurs over a smaller total surface area in comparison to the reference
flat panel or any of the underlying test panels. Fig. 4.16 illustrates the comparison of the
mode shapes of the same mode order between the four-domed panel and the reference flat
panel.
(a) Flat panel modeshape at 471.8 Hz, with maxi-
mum displacement of 2.98 mm.
(b) Four-domed panel modeshape at 519.9 Hz, with
maximum displacement of 3.07 mm.
Figure 4.16: Compariosn of mode (1,3) between the panel with four domes and the reference
flat panel.
A clear and distinctive illustration of the increase in structural stiffness due to the geo-
metrical modifications can be observed when comparing four-dome panel with the reference
flat panel for the mode order (3,1). Following the pattern from the Fig. 4.16, the maximum
displacement of the four-domed panel is higher than the reference flat panel, suggesting
that its vibration amplitude must be higher as well, which is observed as contradictory
from the Fig. 4.17. The comparison of the mode shape from Fig. 4.17 illustrates that the
maximum displacement occuring at the surface area in the four-dome panel is significantly
smaller than the maximum deflections occuring in the reference flat panel. Hence, it can
be concluded that the distribution of the displacement amplitude is less extreme in the
case of four-domed panel.
A final comparison of the (3,2) order modeshapes for all the underlying test panels
sufficiently demonstrate the distortion in the original modeshape pattern in the reference
flat panel, and as an effect of that resutling in the reduced vibration amplitude at a broader
frequency range, see Fig. 4.18. This specific order of modeshape is a distinct demonstra-
tion of how the appropriate positioning of the domes can significantly alter the maximum
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(a) Flat panel modeshape at 868.3 Hz, with maxi-
mum displacement of 2.88 mm.
(b) Four-domed panel modeshape at 939.1 Hz, with
maximum displacement of 4.14 mm.
Figure 4.17: Compariosn of mode (3,1) between the panel with four domes and the reference
flat panel.
flexural displacement surface region to counteract the specific vibration modes. Similarly,
assuming that the panel with four domes has the highest structural stiffness amongst all
the other underlying test panels, the respective mode shape is shown in Fig. 4.19.
As mentioned before, in Section 4.4.1, that during the fabrication of the test panels,
a limitation of 6 mm as maximum depth was maintained for all the domed-panels. It
is because of this small depth, the predicted mobility function plots do not sufficiently
display the increase in the structural stiffness. However, the optimisation strategy used in
this research still holds true because it is based on the normal modes calculated using the
solution case SOL 103 in Nastran R©, and not using the mobility functions. Therefore, the
mobility function is only an identification parameter in order to assess the improvement
in the base design. Moreover, all the test panels are experimentally tested in order to
ascertain the mobility functions for further investigation.
It is accepted that the most accurate method to investigate a structure’s dynamical
behaviour is by experimentally assessing it. Therefore, it is globally accepted that a cor-
relation needs to be performed between the measured and the predicted results in order
to impart any faith in the FE model. A simple correlation is performed for the purpose
of this research, by comparing the measured and predicted mobility functions for all the
test panels. Although, from the Figs. 4.20, 4.21, and 4.22, it can be observed that there
is not an absolute correlation between the two methods, which is because of the mismatch
between the actual steel panel designs and the equivalent FE model. FE model is only a
linear representation of the actual test structure, which is described mathematically by the
equation of motion comprising of a mass, damping, and stiffness matrices. There is a whole
new set of procedures that could be followed in order to best match the FE model with its
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(a) Flat panel modeshape at 962.5 Hz. (b) One-domed panel modeshape at 998.3 Hz.
(c) Two-adjacently placed domed panel mode-
shape at 1016.0 Hz.
(d) Two-diagonally placed domed panel mode-
shape at 1032.9 Hz.
Figure 4.18: Comparing (3,2) order modeshape for the underlying test panels.
Figure 4.19: Equivalent modeshape for the four-domed panel, at 1065.6 Hz.
actual test specimen. Nevertheless, a similar trend of the shift in resonant frequencies is
observed in both the measured and predicted results.
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Figure 4.20: Mobility plot for the panel with one dome.
Fig. 4.20 shows the correlation between the measured and predicted mobility function
for the panel with one intuitively placed dome, and it can be noted that the FE model is
stiffer than the actual test specimen. Following the trends of the resonant behaviour in
the Fig. 4.20, the first two peaks in both predicted and measured mobility have a similar
frequency spacing. Also, the infinite plate line cutting through the middle of the predicted
mobility provides useful insight in checking the accuracy of the numerical methods.
Fig. 4.21 displays a correlation between the predicted and measured mobility plot for
the panel with two-adjacently placed domes. Moreover, Fig. 4.22 shows a correlation be-
tween the predicted and measured mobility response for the panel with two-diagonally
placed domes. It can be observed in the case of the panel with two-diagonally placed
domes that the predicted and measured resonance peaks match for the first resonance,
along with a few damped measured resonances in between, and then matching at around
590 Hz, see Fig. 4.22. Similar level of correlation can be observed in the case of the panel
with four domes, see Fig. 4.23.
From Fig. 4.23, it is observed that most of the measured resonance peaks are present
in the predicted mobility function. As stated before, testing is still considered as the most
accurate method when ascertaining the dynamic behaviour of any structure. Therefore, it
becomes imperative to investigate the change in dynamics for the various test panels, when
tested against each other experimentally. Nevertheless, quick FE simulations still remain
important as they guide the analyst in the right direction and provide some physical insight
into the design problem at hand.
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Figure 4.21: Mobility plot for the panel with two-adjacently placed domes.
Figure 4.22: Mobility plot for the panel with two-diagonally placed domes.
So, the question is which of the design panels from the Fig. 4.5 is the stiffest amonst all.
The answer to this question can be found from the investigation of the measured mobility
functions for all the underlying test panels. Therefore, from here on, the focus will be
maintained on the experimental (measured) test results only. The experimental set up and
procedure are explained in Section 4.4.2. Figs. 4.24 to 4.27 show the effect of change in
stiffness in test panels when increasing the number of domes, when experimentally assessed.
The measured results contradict the established theory of a guaranteed increase in stiffness,
which leads to the shift in natural frequencies into higher frequency zone. When observing
the one-dome panel physically, the reposnse function demonstrates that the single inden-
tation has decreased the natural frequencies, see Fig. 4.24. Similar interpretation can be
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Figure 4.23: Mobility plot for the panel with four domes.
made from the measured mobility plot for the panel with two-adjacently placed domes, see
Fig. 4.25. But in the case of two-adjacently placed domes panel, the amplitude of vibration
is seen to be reduced at the middle frequency range. The panel with two-diagonal domes
shows the increase in the first natural frequency, with an early second resonance, when
compared against its flat counterpart, see Fig. 4.26. The panel with four domes is assumed
to be the stiffest panel amongst all the underlying panels, thereby having the highest first
natural frequency. The mobility comparison for the four-dome panel against its equivalent
flat panel is shown in Fig. 4.27.
Figure 4.24: Comparison of measured mobility between the panel with one dome and its
flat counterpart.
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Figure 4.25: Comparison of measured mobility between the panel with two-adjacently
placed domes and its flat counterpart.
Figure 4.26: Comparison of measured mobility between the panel with two-diagonally
placed domes and its flat counterpart.
Because of the nature of the underlying research, it is worthwhile to investigate how each
individual panel behaves when compared to each other. Therefore, a mobility (measured)
comparison plot is presented from Figs. 4.28 to 4.33, which compares all the underlying
test panels with each other. From Fig. 4.28, it can be clearly observed that the panel with
two-adjacent domes is structurally a better design than the panel with only one dome.
Moreover, the amplitude of vibration in the panel with two-adjacent domes is observed to
be damped when compared against the panel with one dome. Similar structural improve-
ments can be seen in the panel with two-diagonally placed domes when compared against
82 Chapter 4. Structural Properties of Automotive-type Panels
Figure 4.27: Comparison of measured mobility between the panel with four domes and its
flat counterpart.
the panel with one dome, see Fig. 4.29. Therefore, it becomes imperative to compare the
panel with two-adjacently placed domes with the panel with two-diagonally placed domes.
Figure 4.28: Comparison of measured mobility between the panel with one dome against
the panel with two-adjacently placed domes.
In Fig. 4.30, a mobility comparison plot is presented between the panels with two-
adjacently placed and two-diagonally placed domes, respectively. It can be seen from
Fig. 4.30 that the panel with two-diagonally placed domes display a relatively damped be-
haviour in the middle frequency range, between 250 Hz and 550 Hz. Moreover, the panel
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Figure 4.29: Comparison of measured mobility between the panel with one dome against
the panel with two-diagonally placed domes.
with two-diagonally placed domes appears to be stiffer, which is supported by a much
higher first natural frequency, i.e. at around 195 Hz.
Figure 4.30: Comparison of measured mobility between the panel with two-adjacently
placed domes and the panel with two-diagonally placed domes.
A clear distinction in the increase in stiffness is observed when comparing the panel
with four domes against the panel with one dome. Fig. 4.31 shows the mobility comparison
between the panels with one and four domes, respectively. It is observed that in the case
of the panel with four domes, the first resonance occurs after 200 Hz, whereas the first
resonance in the panel with one dome occurs at 110 Hz. Similar trend is observed in the
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latter resonances for the same two panels, making the four-dome panel damped in the low
and mid-frequency range.
Figure 4.31: Comparison of measured mobility between the panel with one dome and the
panel with four domes.
Since, in the Figs. 4.28 and 4.29, it is illustrated that both the panels with two-adjacent
and two-diagonal orientation of the domes are structurally stiffer than the panel with only
one dome. Also, from Fig. 4.31, it is presented that the panel with four domes strongly
adheres to the theory of the higher the number of domes, stiffer the panel – it becomes
interesting to compare the two panels with two different orientation of domes against the
panel with four domes. Therefore, in Figs. 4.32 and 4.33, are shown the mobility compari-
son between the four-dome panel against the panels with two-adjacently placed domes and
two-diagonally placed domes, respectively.
Again, the major improvement in the case of the panel with four domes can be observed
from its high resonant frequency, which has the difference of more than 100 Hz between its
counterpart in Fig. 4.32. But, this similar degree of design-benefit cannot be observed in
the four-dome panel when compared against the panel with two-diagonally placed domes,
see Fig. 4.33. Both the panels in Fig. 4.33 possess strikingly similar dynamical behaviour,
but with subtle differences. Therefore, the structural response can only be an inconclusive
investigation in order to state which underlying panel design is the best amongst all. If
the design is aimed at solely to improve the structural dynamics, i.e. to counteract the
vibration problems, then it is agreed that the four-dome panel and the panel with two-
diagonally placed domes are the best amongst the underlying set of panel designs. But
to assess the radiation characteristics of the panel designs, only the structural response
comparison will not conclude the investigation.
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Figure 4.32: Comparison of measured mobility between the panel with two-adjacently
placed domes and the panel with four domes.
Figure 4.33: Comparison of measured mobility between the panel with two-diagonally
placed domes and the panel with four domes.
4.5 Summary and Conclusion
To summarise, this chapter enlists different classical, numerical, and experimental tech-
niques used in order to ascertain the structural behaviour of the various underlying test
panels, when compared against each other, and along with the reference flat panel.
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In Section 4.2, a classical approach to investigate the plate vibrations is presented. The
classical approach explains the various solutions that can be used to solve the governing dif-
ferential equation, for the three commonly used boundary conditions i.e. simply-supported,
clamped, and free. These solutions are essential to ascertain the behaviour of the structure
in its simplest design. Classical approach is a fast solution to the initial design prob-
lem, which becomes useful as the design progresses to a more complicated pattern. For
a simple plate structure, its natural frequencies can be calculated using a classical for-
mula, as shown in Eq. (4.6) [25]. Similarly, the vibration mode shapes of the plate can be
calculated classically. Section 4.2.2 explains the calculation of various mode shapes of a
plate structure with simply-supported boundary conditions along its four edges. Table 4.3
shows the graphical representation of various mode shapes calculated using Matlab R©, for
the mentioned plate. So far, the classical approach covers the free vibration phenomena
of a simple plate structure. Section 4.2.3 explains the behaviour of the same plate, with
simply-supported boundary condition along its edges, under forced vibration conditions.
Generally, all real life structure is to act under a certain kind of loading. The loading varies
with frequency, which means the structure will not behave naturally but be dependent on
the forcing frequency. This requires characterising the structural vibration by investigating
its frequency response functions, used as mobility function in this thesis. Figs. 4.2 and 4.3
show the two different kinds of mobility functions that are important for the investigation
of the structural behaviour of any structure. Although, the classical approach provides a
quick and easy means to observe the structural behaviour, its application is only limited
to simple structures like plates, cylinders, and shells. Nevertheless, the use of classical ap-
proach is still an essential step in the design development, because it provides a significant
amount of physical insight about the design problem at hand.
With the use of more and more complex structure, along with the advent in the com-
puter processing speed, the use of numerical methods has increased exponentially. It was
only a decade ago, when solving a numerical problem would require a cluster, which in
the current age can be solved on a local personal computer. This has encouraged the use
numerical approach over and over during the product development process. Section 4.3
explains the various numerical methods used in this thesis, along with the results obtained
for the underlying design panels.
A further investigation of the various design panels is conducted by observing their
behaviour under test conditions. Section 4.4.1 shows the design of the various test pan-
els investigated in the underlying research. Section 4.4.2 explains the setup used and the
testing procedure followed during the measurement. The test rig used in this research suf-
ficiently mimics the clamped boundary conditions along the four edges of the plate, which
appropriately justifies its applicability in real life conditions. The use of the clamped
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boundary conditions is inspired from the fact that the same design panels when becom-
ing an integral part of the vehicle body, will be either clamped or seam welded on to the
adjacent panels. From Section 4.4.3 onwards, the numerical and measured results are pre-
sented. A simple correlation is also presented that compares the numerical results with
its measured counterpart. Although, an absolute correlation is not observed, which is due
to the FE model being stiffer than the actual test piece. A further improvement in the
correlation results can be obtained by comparing the MAC matrix (Modal Assurance Cri-
terion), and FRAC parameters (Frequency Response Assurance Criterion). The structural
results demonstrate the various parameters that are compared in order to identify which
design can be considered the best amongst others. Mobility function plots, along with the
mode shapes, together provide a sufficient mean in order to ascertain the characteristics
of a particular design when influenced by the inclusion of the dome-shaped indentations.
In order to summarise the topic on structural properties of the various underlying
test panels, it is important to conclude by stating which of the test panels in Fig. 4.5
is the most improved design against its flat counterpart. From Figs. 4.13–4.23, it can
be observed that the panel with four domes is the design that shows the highest shift in
resonant frequencies. It was expected that the panel with four domes will have the highest
increase in the stiffness, but it still remains important to observe how this increase in
stiffness will improve the design when the improvement quotient is measured for its least
radiation characteristics. This introduces the requirement of assessing all the panel designs
for their radiation characteristics, which follows in the next chapter.

Chapter 5
Radiation Characteristics of
Automotive-type Panels
In the previous chapter, it is explained that the increase in stiffness helps increase
the natural frequencies of a linear structure. However, shifting the natural frequencies
out of the frequency bandwidth of interest is only half the solution. The combination of
surface averaged mobility with the radiation characteristics provides further insight into
the physics involved when assessing the structural-acoustic properties of a structure when
driven by a known force. Using an example of any percussion instrument, with a tighter
and stiffer membrane it only results in radiating even more noise. Therefore, stiffness alone
cannot be a suitable parameter to be assessed in order to design a structure for minimised
sound radiation. Moreover, a definite tradeoff is required between the structural mobility
and its radiation efficiency, because stiffer and lighter structures allow the sound waves to
travel faster and hence achieve critical frequency early in the frequency bandwidth, which
means that the structures become efficient radiators early in the total frequency bandwidth
[105]. Therefore, the essential investigation of the radiation characteristics is illustrated in
this chapter.
5.1 Introduction
What is sound? Sound may be defined as any pressure fluctuations that can propagate
through an elastic medium that the human ear can detect. Such pressure variations can
travel through air or other elastic media such as water, gas, etc. in the form of sound
waves from the source to the receptor (human ears or microphone). Therefore, when a
solid object hits the air and does so in high frequency, the air alternately compresses and
expands around it and waves of lower and higher pressure are sent out in all directions
from the object, see Fig. 1.1.
Sound is such a common part of everyday life that it is rarely appreciated for all of
its functions. Yet, too often in the modern society, sound can be annoying. Many sounds
that are unpleasant or unwanted can be classified into a term called Noise. The extent to
which the noise can be annoying depends not only on the quality of the sound, but also
on the attitude towards it. The sound of a jet engine may be music to the ears of the
design engineers, but will be ear-splitting pain for the people living near the airport. It
doesn’t mean that the sound always needs to be loud in order to be annoying. A low pitch,
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mid-frequency gear rattle can be as annoying as the jet engine. Hence, it is important to
understand the various phenomena involved in the generation of sound and what physical
parameters can influence the propagation of sound waves after its generation.
Whenever a light and flexible structure is in contact with a fluid, both the structural
vibrations and the acoustic pressure field in the fluid medium are influenced by the mutual
vibro-acoustic coupling interaction. This suggests that the force loading on the structure,
caused by the acoustic pressure along the fluid-structure interface, influences the structural
vibrations, while simultaneously the acoustic pressure field in the fluid is also sensitive to
the structural vibrations along the fluid-structure interface. The strength of the fluid-
structure coupling is largely dependent on the geometry of the structure and the fluid
domain as well as the fluid and structural material properties and on the forcing frequency.
A dimensionless measure λc may be defined to indicate the strength of the mutual vibro-
acoustic coupling at the fluid-structure interface,
λc =
ρoc
ρstω
(5.1)
where ω is the circular frequency of a time-harmonic structural or acoustic excitation of
the system, t is a characteristic thickness of the structure, ρs is the mass density of the
structure, ρo and c are the mass density and the speed of sound in the fluid, respectively.
Based on this coupling measure from Eq. (5.1), a criterion may be defined to assess the
importance of the vibro-acoustic coupling:
• systems with large values of λc (> 1) should be regarded as coupled vibro-acoustic
systems, whereas
• systems with small values of λc (<< 1) may be regarded as uncoupled vibro-acoustic
systems.
The material used for the test panels investigated in the underlying research is steel
whose density is much higher than the fluid (air) density. Therefore, in this thesis, only
uncoupled vibro-acoustic problem is investigated.
5.2 Classical Acoustics
This section will help understand the physics involved in noise and noise control, which
is necessary to understand the science of sound, termed as acoustics. Therefore, in the
following sections, the important classical theories related to acoustics are described.
The classical formulation considers some assumptions in order to derive many of the
governing equations. Considering only linear acoustics, it is assumed that the ambient
quantities of pressure, density, velocity, etc. do no vary as a function of either time or
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space. Sound can be produced because of many mechanisms, such as turbulence, combus-
tion, etc., which are not significantly relevant from the point of view of this thesis. Hence,
only the noise produced by the movement of the surface of the panel that compresses the
adjacent fluid and then causes sound waves to propagate is considered for the purpose of
this research.
The study of waves involves its characteristics as a function of time or space, which
is governed by the physics of acoustic medium. The terms such as pressure, density and
particle velocity, associated with a sound wave consist of the change caused by the acoustic
disturbance and can be written in terms of an ambient quantity, which is denoted by a
subscript o, plus a small fluctuating quantity, denoted by a superscript ′. Therefore,
p = po + p
′
(pressure); ρ = ρo + ρ
′
(density); and v = v′(particle velocity), where vo = 0
because there is no ambient fluid flow. Arranging the acoustic variables in this form helps
the products of the variables to be linearized; e.g., pv = (po + p
′
)v
′ ≈ pov′ because the
term p′v′ is a non-linear term and is very small in comparison to the linear term pov
′ .
5.2.1 The wave equation
The acoustic medium considered in this thesis is a fluid medium, hence the propagation and
radiation of sound waves is governed by the three basic equations of fluid dymanics: (1) the
continuity equation, (2) Euler’s equation of motion, (3) the equation of state. These three
equations can be combined to give the wave equation, which is the basic partial differential
equation governing the spatial and time dependence of an acoustic field. To learn more
about the complete derivation of the wave equation, please refer to [12].
The Continuity equation (or Conservation of mass):
∂ρ
∂t
+∇. [ρv] = 0 (5.2)
Euler’s equation of motion:
ρ
∂v
∂t
+ ρ(v∇)v +∇p = 0 (5.3)
The equation of state:
pρ−γ = constant, only valid for gases (5.4)
For ideal gases γ = CpCv , where Cp is specific heat at constant pressure and Cv is specific
heat at constant volume. As it is mentioned before that the changes associated with the
acoustic processes are normally small, so it is possible to obtain simple linearized equations.
Following are the linearized equations:
∂ρ
′
∂t
+ ρ0∇v = 0 (5.5)
ρ0
∂v
∂t
+∇p′ = 0 (5.6)
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p
′
= c2ρ
′
(5.7)
The notations introduced:
c2 =
dp
dρ
|ρ=ρ0 = γp0/ρ0 = K/ρ0 = 1/βρ0. (5.8)
K = γp0 − is called compression modulus,
β = 1/K − is called compressibility,
and c =
√
K/ρ0 is called sound velocity.
To derive the wave equation, differentiate Eq. (5.5) with respect to t; so,
∂2ρ
′
∂t2
+ ρ0∇∂v
∂t
= 0 (5.9)
From Eq. (5.6) and Eq. (5.9), after a little rearrangement,
∂2ρ
′
∂t2
−∇2p′ = 0 (5.10)
where ∇2 ≡ ∆ is a Laplacian. Then using the linearized equation of state Eqs. (5.7)
and (5.10), the wave equation can be derived.
∆p
′ − 1
c2
∂2p
′
∂t2
= 0 (5.11)
Considering the example of an acoustic wave that does not depend on the y or z coordinate,
the general wave equation (5.11) reduces to
∂2p
′
∂x2
− 1
c2
∂2p
′
∂t2
= 0 (5.12)
which has the general solution
p = A(t− x/c) +B(t+ x/c) (5.13)
In Eq. (5.13), A and B are the arbitrary functions representing the plane waves traveling
in the positive and negative x-directions, respectively.
5.2.2 The homogeneous Helmholtz equation
In many design applications, it is assumed that the surface vibration and the associated
sound field occur at a constant frequency. So, after an initial transient period, the pres-
sure field generated by the vibration will reach a steady state and fluctuate at the same
frequency as the excitation. This suggests, the time dependence of the wave equation can
be eliminated. Hence, the acoustic pressure, when the sound field has reached a steady
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state, can be written as
p(x, t) = ppk(x)cos(ωt− φ) = Re
{
ppk(x)e
−i(ωt−φ)
}
, (5.14)
or
p(x, t) = Re
{
pˆ(x)e−iωt
}
, (5.15)
where pˆ(x) = ppk(x)eiφ, ω is the angular frequency, ppk is the peak value of the acoustic
pressure, φ is the phase angle and pˆ(x) is called the complex amplitude of the acoustic
pressure. The term, complex amplitude of the acoustic pressure, is generally the quantity
of interest in most of the analysis, which from now on will simply be referred to as the
“acoustic pressure”. Substituting for the acoustic pressure in the wave equation Eq. (5.11)
gives
Re
{∇2pˆ(x)e−iωt}− 1
c2
Re
{
pˆ(x)
∂2
∂t2
[
e−iωt
]}
= 0, (5.16)
or
Re
{[∇2pˆ(x) + k2pˆ(x)] e−iωt} = 0, (5.17)
where k = ω/c is the acoustic wave number. To satisfy Eq.(5.17),
∇2pˆ(x) + k2pˆ(x) = 0, (5.18)
which is known as the Helmholtz equation. It is a homogeneous partial differential equation
because the right hand side is identically zero at every point in the fluid.
5.2.3 The inhomogeneous Helmholtz equation and introduction to Green’s
function
The continuity equation Eq. (5.5) assumes that no mass source is present in the fluid. If a
small mass is present in the fluid at point xS , then the Eq. (5.5) becomes
∂ρ
∂t
+∇ · (ρ v) = ∂mS
∂t
δ(x− xS) (5.19)
where ∂mS/∂t is the rate at which mass is added to the fluid outside a small fixed volume
enclosing the source. In Eq. (5.19), the term δ(x−xS) is known as the Dirac delta function,
which is defined as ∫ ∫ ∫
V
δ(x− xS) dV (x) = {1 if xS ∈V0 if xS /∈V (5.20)
The Dirac delta function must have units of 1/volume if the right hand side of Eq. (5.20)
is to be dimensionless. The derivation of the inhomogeneous form of the Helmholtz equation
can be obtained by following the same steps as for the derivation of Eq. (5.18).
∇2pˆ(x) + k2pˆ(x) = ω2mˆSδ(x− xS) (5.21)
94 Chapter 5. Radiation Characteristics of Automotive-type Panels
To solve this inhomogeneous partial differential equation Eq. (5.21), a new function
called Green′s function is introduced. Green’s function helps find the basic solution to
the Eq. (5.21), from which other solutions can be determined by superposition. From the
text [4], rewriting the equation Eq. (5.21) as
∇2pˆ(x) + k2pˆ(x) = −4pisˆδ(x− xS), (5.22)
where −4pisˆ = ω2 mˆs. The Green’s function of the Helmholtz equation is the solution to
the Eq. (5.22) with sˆ = 1. Denoting the Green’s function for the time-harmonic problem
as Gˆ(x/xS) and the inhomogeneous partial differential equation for Gˆ becomes
∇2Gˆ(x/xS) + k2Gˆ(x/xS) = −4piδ(x− xS) (5.23)
There is another Green’s function available as the correct solution of the Helmholtz equa-
tion for a small spherical source, and is termed as Free-Space Green’s function. It is
generally denoted by lower case gˆ and is defined as
gˆ(x/xS) = ei k R/R, (5.24)
where R = |x− xS | =
√
(x− xS)2 + (y − yS)2 + (z − zS)2, is the distance from the source
point to the observation point.
5.2.4 The time-averaged acoustic power output
In order to calculate the acoustic power output of a vibrating structure, it is imperative
to estimate the rate at which the energy flows through a closed surface surrounding the
structure. The acoustic intensity is defined as the average rate of energy flowing through
a given area, which can be written as following in terms of acoustic variables,
I = pv (5.25)
The acoustic radiation considered in this thesis is generated as a result of the perturba-
tions caused in the nearby fluid medium due to the vibrating structural surface. Moreover,
the surface vibration can always be decomposed into two components: one normal to the
surface, and one tangential to the surface, but the tangential component results only in
a small motion of the fluid and can be neglected. Therefore, the time-averaged acoustic
intensity in the direction of the unit normal n can be formulated as:
Iav · n = 1
T
∫ T
0
pv · n dt, (5.26)
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When substituting for the pressure and velocity in terms of their complex amplitudes
and expanding Eq. (5.26) produces a more descriptive formula for the time-averaged acous-
tic intensity, as shown in Eq. (5.27).
Iav · n = 1
T
∫ T
0
[
Re
{
pˆe−iωt
}
Re
{
vˆ · neiωt}] dt = 1
2
|pˆ| |vˆ · n| cos (φp − φv) (5.27)
The power output of the vibrating structure is defined as the rate at which energy flows
through a surface completely surrounding the structure with no other acoustic sources. The
power flowing through a surface of unit area is equal to the time-averaged acoustic intensity,
and thus integrating the intensity over the surface surrounding the vibrating structure gives
the time-averaged acoustic power.
∏
av
=
∫ ∫
S
Iav · n dS = 1
2
∫ ∫
S
Re {pˆ vˆ∗ · n} dS (5.28)
Eq.(5.28) is the most convenient form for computing the power output of a vibrating struc-
ture with the surface S chosen as the boundary surface of the vibrating structure.
The analytical solutions, derived from following the classical approach, exist only for a
limited number of radiation problems, involving structures with simple geometrical shapes
[2, 5, 6, 80, 106]. Generally, for complex structural configurations, only approximate solu-
tions of the Helmholtz equation and the associated boundary condition can be obtained.
Analytical methods can be used as an approximate acoustic design tools, most likely to
be based on the concept of radiation efficiency. The radiation efficiency of a structure
is the ratio of the power generated by the structure due to a given source to the power
radiated by a large baffled piston with the same velocity source. Therefore, for simple
geometries such as plates, it is possible to determine the radiation efficiency by analytical
means. However, a more complex geometry can be considered as an assembly of simpler
geometries and the global radiation efficiency of the full assembly is then derived from the
radiation efficiencies of the various sub-assemblies. On the contrary, the accuracy of those
methods is low and their application is limited to the structures with moderate complexity.
5.3 Numerical Acoustics
With the ever increasing demand to tackle the complex acoustic-design problems and that
too in a short span of time, there exists various numerical techniques covering from the
low-frequency to high-frequency problems. It is only a decade ago when solving a mid-
range boundary value problem using the computer power available consumed a significant
amount of time. It is only now with an exponential improvement in the computing power
available at the disposal of an engineer, such boundary value problems are now a matter
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of a few minutes to solve. This improvement has been witnessed in the last few years,
where the customers have shown specific demands regarding acoustic performance making
the acoustic properties of a product as an important criterion in many design problems.
The most common example is the automotive and aerospace industry, where, for instance,
the passenger’s acoustic comfort has become an important commercial asset. The efforts
in reducing the weight of cars and aircrafts, which are mainly motivated by potential fuel
savings, quite often induce substantial noise and vibration levels. Therefore, in order to
incorporate these acoustic criteria in the design process, there is a strong need for numer-
ical prediction techniques that provide essential insight into the physical phenomena that
govern the acoustic behaviour of the complex real-life systems, allowing a reliable evalua-
tion of different design alternatives.
The motivation still remains to find an approximate solution to the Helmholtz equation
(Eq. (5.18)) and the associated boundary conditions. The most commonly used approach
for this purpose is based on the transformation of this mathematical model into a set
of approxiate algebraic equations, which are amenable to numerical solution procedures.
Therefore, based on their frequency range of application, numerical methods can be clas-
sifield into low-frequency and high-frequency prediction techniques.
5.3.1 Low-frequency techniques
5.3.1.1 Finite element method for acoustics (FEM)
Finite element acoustics is based on the finite element method (FEM). It is the most com-
monly used numerical prediction technique for solving design problems, which consists of
finding the distribution of one or several field variable(s) that are governed by an appro-
priate set of partial differential equations and boundary conditions. The finite element
method is generally based on the approximation of the field variable distributions and the
geometry of the domain in terms of a set of shape functions [69, 107], which are locally
defined within the smaller subdomains known as the ‘finite elements’ of the geometry do-
main. Throughout the application of the finite element concept, the original problem of
determining the field variable distributions in a continuum domain is approximately trans-
formed into a problem of determining the field variables at some discrete nodal positions
within each finite element. This transformation results in a set of algebraic equations, for
which numerical solution procedures are readily available [108, 109, 110, 111, 112].
5.3.1.2 Boundary element method (BEM)
Over the last two decades, the boundary element has become a valuable modelling alterna-
tive for several types of engineering problems, especially for problems involving unbounded
domains [107]. The boundary element method is based on the direct and indirect boundary
integral formulation of the considered problem [11, 113, 114]. These formulations relate to
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the distribution of some problem-related boundary variables on the boundary surface of the
domain. In this way, the boundary element method follows a two-step procedure. In the
first step, the distributions of the boundary variables are determined. In the second step,
the field variables in any point in the continuum domain are obtained from the boundary
integral formulation, using the boundary surface results of the first step.
Similar to the finite element method, the boundary element method is based on the
approximation of the boundary surface geometry and the boundary variables in terms of a
set of shape functions, which are locally defined within small subsurfaces, known as bound-
ary elements, of the boundary surface. As in the finite element method, the application of
the element concept allows the transformation of the original problem of determining field
variable distributions on the boundary surface into a problem of determining the bound-
ary surface field variables at some discrete positions within each boundary element, which
results in a numerically solvable set of algebraic equations.
5.3.1.3 FEM versus BEM acoustics
Based on the discussions in the above sections on the finite element and boundary element
methods, some important features may be identified regarding their efficiency for solving
acoustic problems.
The application of the direct and indirect boundary element method for acoustic prob-
lems offers several advantageous properties, compared with the finite element method.
• Unlike in the finite element method, the accuracy of the derived secondary field vari-
ables in the case of the boundary element method is exactly the same as the accuracy
of the derived primary field variables. In the boundary element method, the pressure
field distribution as well as the secondary field variables, such as the fluid velocity,
both result from the boundary integral formulations. Since, an analytical expression
is available for the Green’s kernel function, the differentiation of the boundary inte-
geral formulation implies no additional accuracy loss for the velocity predictions in
comparison with the accuracy for the pressure predictions.
• In boundary element method, only the boundary surface of the acoustic domain is
discretised into elements. Therefore, the size of the direct and the indirect boundary
element models is substantially smaller than the corresponding finite element models.
• The boundary element can easily handle problems with unbounded acoustic domains,
since the Sommerfeld radiation condition is inherently satisfied by the boundary
intergral formulations.
The modelling concepts of the boundary element method induce some disadvantageous
properties as well, when compared with the finite element method.
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• The boundary integral formulations relate the acoustic quantities at a certain position
on the boundary surface to the distribution of these quantities on the entire boundary
surface. As a result, the matrices in the direct and the indirect boundary element
models are fully populated, in comparison to the sparse matrices in the finite element
model.
• The Green’s kernel function used in the boundary element method is a complex
function. Therefore, the matrix coefficients in the boundary element models are
complex.
• Since the Green’s kernel function depends on the frequency dependent wavenumber k,
the matrix coefficients in the boundary element models are also frequency dependent.
As a result, a boundary element model does not naturally lead to an algebraic eigen
value problem for the extraction of the natural frequencies and the mode shapes.
• In the boundary element method, the Green’s kernel function and its derivatives
exhibit a singularity when the distance between the position of the source and the
observation point becomes zero. This requires special attention for the numerical
evaluation of the corresponding matrix elements.
• A mathematical problem of boundary integral formulations is the non-uniqueness of
the solution for exterior problems with closed boundary surfaces, when the excitation
frequency coincides with an eigen frequency of an associated interior problem.
In order to conclude, it is observed that the finite element method is usually preferred
for studying the acoustic field in complex enclosures (interior acoustics). The strength of
the boundary element method becomes mainly apparent for solving acoustic problems in
unbounded domains, such as the exterior acoustic radiation or scattering from vibrating
structures. Nevertheless, the interior acoustic problems can sometimes be investigated
with boundary element techniques, despite their large computational efforts. This choice
is mainly motivated by the savings in the man-hours, since the mesh generation in the case
of boundary element method is simple and does not need to be highly detailed.
5.3.2 High-frequency techniques
The use of the element concept, both finite element and boundary element based, for solving
harmonic vibro-acoustic problems implies, however, a practically restricted applicability.
The dynamic response of a vibro-acoustic system results from a complex mechanism of
wave propagation in the structural or acoustic continuum domain. The resulting spatial
variation of the oscillatory dynamic response is mainly determined by the spatial distribu-
tion of the external excitation and its frequency contents. The latter is caused due to the
fact that the wavelengths of the structural and acoustic waves depend on the frequency.
Since, the element shape functions, used for the description of the dynamic field variables
within each element, can only represent a restricted spatial variation, a large number of
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elements is required in order to accurately represent the oscillatory wave nature of the dy-
namic response. The number of elements should be increased as the frequency increases.
Therefore, the larger the domain and the higher the excitation frequency, the larger the
boundary element model becomes.
As a result, the applicability of the finite element and boundary element method is
practically restricted to low-frequency dynamic problems only. Above a certain frequency
limit, which depends on the nature of the problem and on the available computer resources,
the finite element and boundary element models become so large, that they would require
a prohibitively large amount of computational effort and memory resources to get an
acceptable level of accuracy. Therefore, for such high-frequency problems, there exists
alternative prediction techniques.
5.3.2.1 Statistical energy analysis (SEA)
Statistical energy analysis is a probabilistic technique, which provides averaged approxi-
mations of the global response of a dynamic system [115]. In order to do so, the considered
dynamic system is divided into a number of subsystems and the frequency range is divided
into a number of frequency bands. The unknowns of an SEA model are the averaged energy
levels of each subsystems in each frequency band. The dynamic excitations of the system
are modelled as averaged input powers per subsystem and per frequency band.
For each subsystem, an energy balance is written, stating that the energy input into
the subsystem equals the energy dissipated due to internal damping of the subsystem,
and the energy transferred to the contiguous subsystems. The internal energy dissipations
are characterized by the internal loss factors of the subsystems and the energy transfers
between the subsystems are characterized by the coupling loss factors between the various
subsystems. These loss factors can be identified in an experimental or a numerical way.
The resulting algebraic equations are then solved for the averaged subsystem energy levels.
Since one of the major requirements to justify the frequency-averaging is a high modal
density of the subsystems, the statistical energy analysis is only appropriate for high-
frequency modelling. Also, since only space- and frequency-averaged subsystem energy
levels are to be determined, SEA models are substantially smaller than the corresponding
deterministic and element based prediction models, so that the use of SEA is no longer
practically restricted by the involved computational efforts.
However, the statistical approach is not only motivated by the computational efficiency
of the resulting SEA model, but also by the fact that, at high frequencies, the dynamic be-
havior is very sensitive to the system parameters, such as material properties and boundary
conditions. Since the physical values of these parameters are only known with a certain
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level of uncertainty, deterministic models, which yield only nominal prediction results,
become useless at high frequencies.
5.4 Experimental Methods
In Section 4.4.3, the vibration results of the various test panels investigated in the underly-
ing research are presented. These results are insufficient in order to ascertain the complete
structural-acoustic characteristic of the design panels. The Section 4.4.3 also demonstrates
that increasing the structural stiffness only helps in shifting the natural frequencies of that
structure into a higher frequency zone, which might not always be the requirement. There-
fore, in order to assess the design panels fully for their structural-acoustic characteristcs, it
is imperative to measure the sound pressure level (Lp) from each panel when excited by a
known force. Unlike the vibration testing method, as described in Section 4.4.2, the sound
pressure measurement requires a free-field environment. The term free-field refers to the
sound field in a homogeneous, isotropic medium, which is free of boundaries. In practice,
it is a field in which the reflections at the boundaries are negligible over the frequency
range of interest. Therefore, all of the sound pressure measurements were conducted in a
fully-anechoic chamber.
5.4.1 Sound radiation measurement setup and processing
What is sound pressure (p)? Sound pressure can be defined as a fluctuating pressure su-
perimposed on the static pressure (po) by the presence of sound. Therefore, in addition to
the experimental apparatus used in the vibrational frequency response function (mobility)
measurement, as shown in Fig. 4.6, the sound pressure measurement requires a set of mi-
crophones. Although, the experimental setup used for the sound pressure measurements
remains similar to the one described in Section 4.4.2, but instead of measuring the test
panels in a reverberating room, the measurements were conducted in an anechoic environ-
ment. In order to measure the sound pressure fluctuations, a set of GRAS prepolarised
microphone type 40AE along with a CCP preamplifier type 26CA is used. The sound
pressure measurement procedure followed in the underlying research, strictly adheres to
the procedure explained in the International Standard (ISO 3744) [116]. Thus, a reference
hemisphere is defined, centered in the middle of the test panel with the maximum radius
of the hemisphere being equal to 1 m. Moreover, using the ISO 3744, the Sound Power
Level (Lw) values for the various test panels are calculated, and it is this function that is
used in order to compare different panel designs for assessing their radiation characteristics.
Each test panel, in turn, was clamped in the metal frame shown in Fig. 4.7 and excited
using an electrodynamic shaker. The voltage input to the shaker is maintained at a con-
stant level throughout the entire investigation, for all the test panels investigated in this
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research. In order to facilitate the location of the microphones in the measurement do-
main, a hypothetical reference hemisphere, with its center at the middle of the test panel,
is defined [116]. Following the standard practice from the ISO 3744, the sound pressure is
calculated at 20 different locations around the test panel, prescribing a hemispherical array
of microphones. The coordinates of the microphone measurement positions are shown in
Fig. 5.1.
Figure 5.1: Microphone positions on the hemispherical measurement surface.
During each series of measurements, a sound calibrator of the type GRAS 42AB that
has an accuracy of ±0.2 dB is connected to the microphone in order to verify the calibration
of the entire measuring system at one or more frequency over the complete frequency range
of interest. The microphone calibration is essential in order to account for the microphone’s
sensitivity that varies with frequency as well as with other factors such as environmental
conditions. The calibration is a two-step process where, firstly, the background (or am-
bient) noise is measured, and secondly, the microphone is attached to the artificial sound
source (piston phone) that emits noise with the sound pressure level (SPL) of 114 dB at
a frequency of 1000 Hz. In Fig. 5.2, a screenshot of the calibration window is shown, in
which the transducers A3 and A4 represent the two microphone channels, along with their
respective re-calibrated sensitivities.
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Figure 5.2: Microphone re-calibrated sensitivity.
As mentioned above, a set of 20 microphones measure the sound pressure (p) generated
by the test panel under excitation using an electrodynamic shaker. During the measure-
ment, precautions were made to keep the background noise to minimum and maintained
at a constant level, hence the voltage input to the shaker, which serves as a significant
electrical noise, remains constant when conducting the measurement for the various test
panels. Therefore, the electrical noise from the shaker remains constant during the entire
investigation, for all the test panels, thereby, working as a common denominator and can be
neglected. The sound pressure measured from a single microphone, represents the pressure
measured in Pascals (Pa), which further needs to be converted into decibels (dB). The
conversion and the remaining further processing, in order to calculate the sound power
values from the sound pressure, are performed by scripting in Matlab R©. In Eq. (5.29),
the sound pressure measured in Pascals (pn) is converted into decibels and known as the
sound pressure level measured at a single microphone location (Lp,n). The subscript n rep-
resents the number of microphone positions considered, which in the current case is equal
to 20. Therefore, the individual pressure values from each microphone is first converted
into decibels. The pressure with subscript ref implies that the sound pressure level must
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be normalised for the ambient conditions, and hence, pref has the value of the reference
atmospheric pressure equal to 2× 10−5 Pa.
Lp,n = 10 · log
[
p2n
p2ref
]
dB (5.29)
In order to include the measurement from 20 different microphones, so that an averaged
sound pressure level (Lp,avg) can be obtained for each test panel, Eq. (5.30) is used, where
N is the total number of microphones used.
Lp,avg = 10 · log
[
1
N
20∑
i
10(0.1×Lp,i)
]
dB (5.30)
From Eq. (5.30), the averaged sound pressure level from the hemispherical array of 20
microphones is obtained. Moreover, in this research, the radiation properties are inves-
tigated by using the sound power level (SWL, Lw) functions as a mean to compare the
panels from one another. The sound power level can be defined as ten times the logarithm
to the base 10 of the ratio of the sound power radiated by the sound source (test panel)
under the investigation to the reference sound power. The reference sound power is equal
to 1 pW (10−12 W), as shown in Eq. (5.32). Therefore, from the averaged sound pressure
level (Lp,avg), the sound power level for each panel is calculated, using Eq. (5.31), where
S is the area of the hemispherical measurement surface, and So is equal to 1 m2.
Lw = Lp,avg +
{
10 · log
(
S
So
)}
dB (5.31)
W = 10 · log
(
Lw
Wref
)
dB (5.32)
5.4.2 Test Panels
In Chapter 4 section 4.4.1, different test panels investigated in this research are introduced.
From all the test panel designs shown in Fig. 4.5, the sound radiation result of the test panel
with one dome, shown in Fig. 4.5(b), is not included in the sound radiation investigation
presented in this thesis. During the preliminary sound radiation measurements, the panel
with one dome did not contribute to a significant amount into the research, which is also
strongly supported by its vibration response investigation (Section 4.4.3) that shows only
a small shift in its natural frequencies, thereby, not making a worthwhile contribution to
the thesis. That means, from this point onwards, the main focus will be given to the
remaining test panels, i.e. panel with four domes, panels with two adjacently-placed and
diagonally-placed domes, resepectively, along with their flat countepart.
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5.5 Sound Radiation Results
In this section, the sound radiation results obtained from following the sound pressure mea-
surement procedure described in ISO 3744 are presented [116]. Each test panel, in turn,
was clamped around its edges in order to impose a clamped boundary condition, radiates
under the influence of a controlled known excitation imparted using an electrodynamic
shaker, see Fig. 5.3. During the sound radiation measurement, the vibrational frequency
response was also recorded. This was essential to calculate the cross-power density be-
tween the excitation point and the response point, which in this case is obtained from
a point measurement, thereby, resulting in the mechanical input power. The mechanical
input power can be understood as the total power that is supplied to the structure from
the excitation source. The sound power radiated by the structure is always less than the
mechanical input power, accounting for the power lost because of the structural internal-
damping and sometimes dissipated in the form of heat. Both, the input power and the
radiated power, for all the test panels, are compared in order to gain trust in the measured
results.
Figure 5.3: A photograph showing the sound pressure measurement setup inside the ane-
choic chamber.
In Fig. 5.4, the comparison between the radiated power and the input power for the
reference flat panel is shown. The input power is effectively a cross product between the
force and the velocity response, which in this case is obtained from a point measurement
(coincident excitation and response point), stating that this is the absolute power that is
input to the structure from the excitation source. It can be seen from Fig. 5.4 that the
peaks in both the input power and the radiated power plots are at the same frequency but
with different amplitude, and can be considered to be in good agreement with each other.
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Also, the difference in the amplitude between the input power and the radiated power
tends to decrease with the increase in the frequency. This is because of the fact that the
structure demonstrates higher internal damping at lower frequency range, and gradually
saturates down to a lower damping along the latter end of the frequency bandwidth.
Figure 5.4: Radiated power versus input power for the reference flat panel.
Similarly, the same comparison can be performed for the different test panels in-
vestigated in this research. From Fig. 5.5 to Fig. 5.7, the plots illustrating the radi-
ated power versus the input power for the panel with four domes (Fig. 4.5(a)), panel
with two-adjacently placed domes (Fig. 4.5(c)), panel with two-diagonally placed domes
(Fig. 4.5(d)), respectively, are shown.
It can be seen in Fig. 5.5 that it was correctly assumed that the panel with four
domes is most likely to be the one with the highest increase in stiffness. Subsequently, it
cannot be proved until the radiated power from the panel with four domes is compared
against the radiated power from the other test panels, nevertheless, the high level of in-
ternal damping at intermittent but significant frequency bandwidths (20-450 Hz, 600-870
Hz) accounts for the inherent structural rigidity as the characteristic resulting from the
domed-indentations. Similar stiffening characteristics can be observed in the case of the
panels with two-adjacently (Fig. 5.6) and two-diagonally (Fig. 5.7) placed domes, respec-
tively, but only for a lower frequency bandwidth.
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Figure 5.5: Radiated power versus input power for the panel with four (intuitive) domes.
Figure 5.6: Radiated power versus input power for the panel with two-adjacently placed
domes.
The sound radiation from a structure to an open domain can reasonably be described
by the sound power level (SWL). The sound power level is an absolute measurement pa-
rameter, which is used in conjunction with a reference sound power value of 10−12 dB.
That is why, the sound power level can sometime be represented with the units ‘re 10−12
dB’. Moreover, the comparison of the sound power level from different test panels can be
considered as a suitable parameter in order to identify the improvement over the reference
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flat panel.
Figure 5.7: Radiated power versus input power for the panel with two-diagonally placed
domes.
Fig. 5.8 shows the comparison of the sound power level between the panel with four
domes and its flat counterpart. It is now recalled that the panel with four domes demon-
strated the most significant shift in its natural frequencies when compared to the other
underlying test panels, see Table 4.5 and Fig. 4.27. On the contrary, it has been observed
in the literature that the increase in stiffness does not necessarily reduce the sound radi-
ation [20, 19, 84]. Therefore, from Fig. 5.8, it can be observed that both the panel with
four domes and its flat counterpart, demonstrate similar radiation characteristics. Never-
theless, when considering the entire frequency bandwidth, i.e. from 20-1000 Hz, the panel
with four domes shows around 3% reduction in the radiated sound power in comparison
to its flat counterpart. So, the intuitive placement of domes can invariably increase the
structural stiffness, but does not necessarily make the structure radiate significantly less.
It is this parameter, i.e. the appropriate increase in structural stiffness, that will define a
set of guidelines in order to design the vehicle body panels with swages and domes.
The decrease in the number of indentations, from four to two, can significantly change
the structural dynamics. It would be expected that by reducing the number of indenta-
tions, the invariable increase in the structural stiffness can be controlled. Therefore, in
order to demonstrate that, two different set of design panels, each with a different orien-
tation of two dome-shaped indentations, are investigated. The first test panel with two
domes has the domes positioned adjacently to each other, see Fig. 4.5(c). The motivation
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Figure 5.8: Sound power level (SWL re 10−12 W) comparison for the panel with four domes
against its flat counterpart.
behind this particular design is to observe the dynamical behaviour of the structure when
half of its symmetrical side experiences an increase in stiffness, whereas the remaining
half remains flat. When comparing the mobility peaks (Fig. 4.25) and the sound power
level peaks (Fig. 5.6) for the panel with two-adjacently placed domes, it can be observed
that both the vibration and the radiation pattern are quite different to each other. This
difference in the dynamical behaviour is a result of the higher averaging used in the form
of 20 microphone measurements to produce the sound radiation results, whereas, only one
accelerometer position used in order to capture the vibration response. The sound radia-
tion comparison between the two-adjacently placed domed-panel and its flat counterpart
is illustrated in Fig. 5.9. It can be observed that the inclusion of two-adjacently placed
domes has shown a significant reduction in the decibel levels for the frequency range up to
450 Hz. Subsequently, some reduction in the sound power level can also be observed in the
higher frequency bandwidth between 800-900 Hz. Upon considering the entire frequency
bandwidth from Fig. 5.9, there is around 7% reduction in sound power level in the panel
with two-adjacently placed domes against its flat counterpart. The two adjacent dome
design maintains a higher proportion of symmetry than any other design panel used in
this research, and hence, acts as the most suitable design that can achieve better hyrdro-
dynamic short-circuiting, thereby, producing strong acoustic cancellation. The acoustic
cancellation occurs when the sound waves (close to each other) are of equal magnitude but
with opposite phase, which together create a zero resultant wave.
The second test panel with two domes has the domes placed on the diagonal of the
rectangular plate, see Fig. 4.5(d). Hence, it can be noted that the panel looks symmetrical
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Figure 5.9: Sound power level (SWL re 10−12 W) comparison for the panel with two-
adjacently placed domes against its flat counterpart.
upon using the dome-free diagonal as the reference axis. With this symmetrical design, it
is convenient in order to choose the excitation point on the panel, in order to excite the
maximum number of modes. Moreover, in order to maintain an order of consistency be-
tween all the measurements conducted in the underlying research, each test panel follows
the same excitation and response coordinates being 110 mm and 80 mm in x-direction
and y-direction, respectively. The comparison of the sound power level measured be-
tween the panels with two-diagonally placed domes and its flat counterpart is shown in
Fig. 5.10. It is observed that the two-diagonally placed domes do not significantly affect
the dynamics of the structure, and demonstrate similar radiation characteristics as its flat
counterpart. Subsequently, as going up in the frequency domain (730-830 Hz), the panel
with two-diagonally placed domes appears to be significantly loud in comparison to its flat
counterpart, thereby, resulting in an increase of around 5% in overall sound power level.
From the above illustration, it is observed that the panel with the two-adjacently placed
domes shows the highest reduction in the sound power level in comparison to the reference
flat panel. Moreover, it would also be interesting to compare the panels with two domes
with the panels with four domes. Hence, Figs. 5.11 and 5.12, show the sound power level
comparison between the panels with two-adjacently placed domes and four domes, and the
panels with two-diagonally placed domes and four domes, respectively. It is observed that
the panel with two-adjacently placed domes is approximately 2 dB quieter than the panel
with four domes, for the entire frequency range of interest. Consequently, when the panel
with four domes is compared against the panel with two-diagonally placed domes, the four
domed panel radiates around 3.5 dB less sound power in the entire frequency range of
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Figure 5.10: Sound power level (SWL re 10−12 W) comparison for the panel with two-
diagonally placed domes against its flat counterpart.
interest.
Figure 5.11: Sound power level (SWL re 10−12 W) comparison for the panel with four
domes and the panel with two-adjacently placed domes.
In order to ascertain the importance of the positioning of the domes, the two panels,
each with two set of domes but with different orientations, are compared against each
other. Fig. 5.13 illustrates the sound power level comparison between the panels with
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Figure 5.12: Sound power level (SWL re 10−12 W) comparison for the panel with four
domes and the panel with two-diagonally placed domes.
Figure 5.13: Sound power level (SWL re 10−12 W) comparison for the panels with two-
adjacently and two-diagonally placed domes, respectively.
two-adjacently placed domes and two-diagonally placed domes, respectively. Except in
the higher frequency bandwidth (850-970 Hz), the panel with two-adjacent domes tends
to be quieter amongst the two. Therefore, upon considering the entire frequency range
of interest, the panel with two-adjacently placed domes is 5 dB quieter than the panel
with two-diagonally placed domes. Hence, it is acknowledged that during the design of
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experiment stage (DoE) or any other kind of design optimisation, the major focus should
be on optimally placing the required number of domes. Specific to automotive industry, the
number of domes is considered as a design constraint, which is restricted and dependent
upon the surface area available on the panel under investigation. Ideally, a panel with a
small surface area can only accommodate a few domes. Also, the number and the depth
of the indentations are specific to the panel under consideration, e.g. for a floor panel, the
body engineer would not like to use deep domes as it might lead to passenger discomfort.
5.6 Summary and Conclusion
The structural-vibration results from Chapter 4 can be considered as inconclusive in order
to define a complete set of guidelines that is primarily suitable to design vehicle body pan-
els. Therefore, in order to extend the structural-acoustic investigation of the test panels,
each test panel assessed in the underlying research was tested for their respective sound ra-
diation characteristics. Because of the complex nature of the propagation of sound waves,
engineers have adapted to various numerical techniques, involving the use of fast computers
that enables fast computations, along with the classical techniques that give reasonable
insight into the acoustic problem at hand. In Section 5.2, the fundamentals involved in the
classical acoustics, including the most important governing differential equations used in
the field of acoustics, are presented. From the numerical integral formulations established
for the various kinds of acoustic problems (coupled and uncoupled), shown in Section 5.3
is the most commonly used numerical techniques (FEM and BEM) that can provide ap-
proximate solutions to the problem in a reasonable time period. Moreover, it still depends
on the nature of the problem that which of the two numerical methods, FEM or BEM, can
provide the most suitable approximation. Subsequently, in order to choose between the
FEM and BEM approach, there are various other factors that contribute in the decision-
making process, such as, the pre-processing time required in order to setup the analysis
case is significantly higher for the FEM case, whereas in BEM approach, a simple convex
linear element mesh is the only requirement. Nevertheless, it has been observed that when
applying FEM and BEM approach to the same problem, the results from both the methods
are generally the same [107].
In Section 5.4, the experimental setup used for the sound radiation measurement is
presented. Although the experimental rig used remains the same as described in Chap-
ter 4, the sound radiation measurement can only be performed in a free-field environment.
Therefore, the sound pressure measurements, as explained in the international standard
ISO 3744, was performed in the anechoic chamber, see Fig. 5.3. It is well known that
the microphones used for the sound radiation measurement are sensitive to the ambient
conditions, and therefore, would require the re-adjusted sensitivities as per the reference
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ambient conditions. Therefore, for each set of sound pressure measurement, the micro-
phones used in the experiment were re-calibrated for the required new sensitivities. The
sound power level calculated from the sound pressure measured using the microphones,
contains the average of the 20 microphone measurements, as explained in ISO 3744 [116].
In Section 5.5, the sound radiation results for the various test panels investigated in
this research are presented. For each test panel, the mechanical input power is compared
against the power radiated by the same test panel when excited using a known loading.
This comparison illustrated the inherent power losses associated with the panel’s struc-
tural characteristics. The comparison between the input power and the radiated power
also demonstrated the high level of inherent damping present in the structure at lower
frequencies. Moreover, this comparison can be used in order to assess the human errors
involved during the measurement procedure.
For each test panel, the sound power level functions can be calculated using the formu-
lations given in ISO 3744 [116], which is considered to be a suitable parameter to compare
in order to assess the test panels with each other. Therefore, the sound power levels for
each test panel is compared with each other, and their respective sound power values are
summarized into Table 5.1.
Table 5.1: The overall sound power value for each of the test panel investigated in the
underlying research.
Test panels
Sound Power
(dB re 10−12W)
Change
(dB)
Flat panel 49.36 −
Four domes 47.90 1.46 (quieter)
Two− adjacent domes 45.81 3.55 (quieter)
Two− diagonal domes 51.42 2.06 (louder)
In order to conclude this chapter, it can be observed that the test panel with two-
adjacently placed domes is the weakest sound radiator in comparison to the other test
panels. The test panel with two-adjacently domes has the average sound power value of
45.81 dB for the frequency range of 0–1000 Hz. It is the radiation characteristic of the
test panels that contradicts the guidelines set on the basis of stiffness increment only.
Therefore, in order to define a complete set of guidelines, the radiation characteristic is as
much an essential parameter as the stiffness increment. From Table 5.1, the panel with four
domes that has the highest increment in the structural stiffness is the second loudest sound
radiator amongst the various test panels investigated in this research. The test panel with
two-diagonally placed domes has the average sound power of 51.42 dB for the frequency
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bandwidth of interest, thereby, making it the most radiating design in comparison to the
other test panels.
From the Table 5.1, it can be seen that the number of domes may well increase the
structural stiffness, but does not necessarily reduce the radiation characteristics. The
dome-shaped indentations can be considered as a useful mean to increase the structural
stiffness, without compromising the bulk weight of the structure, which in turn shifts the
natural frequencies of the structure into a higher frequency bandwidth. However, shifting
the resonances out of a set frequency bandwidth might not always be the ultimate goal for
an NVH engineer. Therefore, in order to efficiently use the dome-shaped indentations to
design quieter structures, a mathematical optimisation approach needs to be followed.
So far in this thesis, all the test panels with various number of domes are intuitively
designed, and only follow a generic design pattern resulted in the preliminary optimisa-
tion operations. It is important to note here that even though the designs are intuitive
in nature, but the test results significantly support in forming any engineering judgement.
For example, one can easily relate to the fact that why the two-adjacently placed dome
panel demonstrates the highest level of reduction in the overall decibel level. The purpose
of the design panels is to generate structural modeshapes that take advantage of acous-
tic short-circuiting, which in turn produces strong acoustic cancellations. Therefore, the
two-adjacent dome design shows the highest level of acoustic cancellation for the chosen
frequency bandwidth. Moreover, the insights gained from the intuitive designs are fur-
ther exploited in order to come up with a more mathematical approach, and set up an
optimisation strategy. So, in the next chapter, the optimisation strategy followed for the
purpose of designing the body panels with dome-shaped indentations is explained in de-
tails. The optimisation strategy results in a new test panel that has the optimised sizing
and positioning of the dome-shaped indentations.
Chapter 6
Numerical Optimisation Technique
to Reduce Sound Radiation from
Automotive-type Panels
In the previous chapters, the various automotive-type panels investigated for their re-
spective vibration and acoustic characteristics are intuitively designed. The intuitive panel
designs are a result of the constant design-pattern produced by the preliminary optimisa-
tion algorithm, i.e. with one dome positioned in each of the four corners of the rectangular
panel. During the course of the research, a significant amount of importance is given to the
development of the optimisation algorithm, specifically following the standards requested
by Jaguar Land Rover. At the very early stage of the research, the optimisation algorithm
could only accept the design case for simple rectangular panels. As defined in Chapter 3
that there are two types of model modification, i.e. geometry based and finite element (FE)
based, the optimisation algorithm developed during this research will apply modifications
on the FE model itself. Therefore, the optimisation algorithm would require an embed-
ded meshing algorithm in order to perform the complete analysis as one unitary system.
Moreover, the initial optimisation algorithm incorporates an inherent meshing approach,
which is embedded as a function inside the main algorithm [117]. The meshing algorithm is
structured in a way that it will not require any physical geometry model, thereby, making
the approach only suitable for simple structures, such as, rectangular panels. Therefore,
by using the length and the breadth of the panel, the meshing algorithm can identify the
geometry and start discretising it based on the element size information provided along
with the panel data. On the contrary, automotive-type panels are generally neither rectan-
gular nor flat. Hence, the initial inherent meshing approach presented a drawback, which
has been resolved in the final optimisation algorithm where the user can import a FE mesh
directly into the optimisation procedure. Nevertheless, the test panel used for the purpose
of this research is a rectangular flat panel, which not only can be easily fabricated but also
significantly useful in comparing the various analytical theories.
So, this chapter presents a detailed explanation on the optimisation strategy followed
in the underlying research, and how it complements its use for a design-optimisation like
the one presented in this thesis when compared to the various other direct optimisation
techniques.
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Morover, the final optimised design is used in order to perform a first-order sensitivity
analysis, which successfully demonstrates the robustness of the optimal design. The ob-
jective behind the sensitivity analysis is to accommodate the typical scatter related to the
manufacturing tolerances, which generally is inevitable when considering the full design
cycle, i.e. from conceptualisation to optimisation, and manufacturing the first prototype.
Therefore, four perturbation analyses are performed by changing the optimal values of the
five (dome) design variables by 1%, 2%, 5%, and −5%; the depth of the dome remains
constant.
6.1 Introduction
Optimisation is used extensively in engineering when considering complex problems. In
any optimisation procedure, the user needs to define a desired objective function along
with a set of design variables. The objective function is the quantity that needs to be
minimised or maximised, and is always problem dependent. This is achieved by optimising
the values of the design variables, which works in conjunction with the objective function.
The design variables are generally restricted by providing a set of predefined constraints
in order to stay within the design limits. In structural-acoustic optimisation, the objective
function is often a quantity such as vibration response or acoustic pressure, and the design
variables are the properties of the structure, such as, material, thickness, etc. The opti-
misation algorithm is, therefore, required to search for the optimum values of the design
variables that minimise (or maximise) the objective function.
Optimisation can be considered as a search for the best objective, operating within
set constraints. For example, a vehicle engineer wants the lightest car that can at least
withstand a certain degree of structural vibrations and still be the quietest in its segment,
simultaneously delivering a standard level of performance. This example can be taken as
an optimisation problem that needs a solution. The resulting design must satisfy certain
conditions or, in other words, must be constrained, if they are to be accepted. For this
purpose, many numerical optimisation methods have been developed and are used in order
to design better systems. Moreover, it can be generalised that the optimisation practice
requires three pre-requisites. Firstly, the design must be defined mathematically so that
the solution search can take place. Secondly, the knowledge of the optimisation technique
to be used that will yield the solution. Since the optimisation is performed mostly through
digital computation, the final pre-requisite is the basic knowledge of computer program-
ming, which will also enable the smooth functioning of the second pre-requisite.
Design optimisation has become an essential part in the product development in all
the major disciplines. The design of complex systems requires data processing and a large
number of calculations. In the recent past, a revolution in the computer technology has
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taken place, which now enables fast numerical computations. Therefore, the modern com-
puters can now perform complex calculations and process large amounts of data rapidly.
Inexpensive computational resources have made the optimisation practice an ever so im-
portant part of the design strategy. Better systems can now be designed by analysing and
optimising various options in a short span of time. This is highly desirable because better
designed systems cost less, have more capability, and are easy to maintain and operate.
The design of systems can be formulated as problems of optimisation in which a measure of
the performance is to be optimised while satisfying all constraints. Even in the early stages
of the product development, optimisation procedures help in providing great insights in
order to define and explore the design problem.
From the above, it can be interpreted that optimisation is an iterative process. ‘Iter-
ative’ implies analysing several trial designs one after another until an acceptable design
is obtained. In the design process, the engineers can estimate a trial design based on the
experience, intuition, and from mathematical analysis. If the trial design is acceptable, the
further design process can be terminated. If not, then the trial design needs to be opti-
mised in order to reach the acceptable standards. Therefore, in the optimisation process,
the trial design is analysed in order to determine if it can withstand the required quality
checks.
In this research, the aim of the proposed structural-acoustic optimisation procedure is
to reduce the sound radiated from the test structure by imposing a mathematically con-
trolled modification on the structure. The optimisation procedure followed is based on the
techniques of genetic algorithm (GA). Genetic algorithm belongs to the class of stochastic
search optimisation methods. The genetic algorithm uses only the function values in the
search process in order to make progress towards the solution without regard to how the
functions are evaluated. The genetic algorithms are very general and can be applied to all
kinds of problems - discrete, continuous, and non-differentiable. The main disadvantage
of genetic algorithms, as well as all the other heuristic optimisation methods, is that they
require a large number of function evaluations. In the case of structural-acoustic analysis
using FEM and BEM, which still remain the most commonly used methods for vibroacous-
tic analysis, each function evaluation requires to undergo a large number of computations.
Nevertheless, the significant data processing seldom acts as a hurdle and can be easily
overcome by running the optimisation analysis on a fast dedicated server.
Since, the genetic algorithm is extensively used for the purpose of this research, it
becomes necessary to understand the basic attributes associated with it. Therefore, in
the following sections, a brief introduction to the genetic algorithm, along with a similar
stochastic approach called ‘simulated annealing’, is presented.
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6.1.1 Genetic algorithm
Genetic algorithm is a technique derived under the concept of ‘evolutionary computation’.
This concept follows the Darwinian’s principle of ‘survival of the fittest’. This principle
can be used as a starting point in introducing the evolutionary computation. The evolu-
tionary concept can be applied to the problems where heuristic solutions are not present or
which lead to unsatisfactory results. As a result, the evolutionary algorithms are of recent
interest, particularly in practical problem solving.
Evolutionary concept (EC) techniques abstract these evolutionary principles into al-
gorithms that may be used to search for the optimal solutions to a practical problem. In
search algorithms, a number of possible solutions to a problem are available and the task
is to find the best solution possible in a fixed amount of time. For a search space with
only a small number of possible solutions, all the solutions can be examined in a reasonable
amount of time and the optimal one can be found rapidly. This exhaustive search, however,
quickly becomes impractical as the search space increases. Traditional search algorithms
randomly sample or heuristically sample the space, and search one solution at a time in
the hopes of finding the optimal solution. The key aspect distinguishing an evolutionary
search algorithm from such traditional algorithms is that it is population-based (GA). In
the traditional genetic algorithm, the representation used is a fixed-length bit string. Each
position in the string is assumed to represent a particular feature of an individual, and
the value stored in that position represents how that feature is expressed in the solution.
Usually, the string is evaluated as a collection of the structural features of a solution that
have little or no interactions. The analogy may be drawn directly to genes in biological
organisms. Each gene represents an entity that is structurally independent of other genes.
The main reproduction operation used is bit-string crossover, in which two strings are
used as parents and new individuals are formed by swapping a sub-sequence between the
two strings (see Fig. 6.1). Another popular operator is bit-flipping mutation, in which a
single bit in the string is flipped in order to form a new offspring string (see Fig. 6.2).
Figure 6.1: Bit-string crossover of parents a & b in order to form c & d.
A primary distinction that may be made between the various operators is whether or
not they introduce any new information into the population. Crossover, for example, does
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Figure 6.2: Bit-flipping mutation of parent a in order to form offspring b.
not introduce any new information while mutation does. All operators are also constrained
in order to manipulate the string in a manner consistent with the structural interpretation
of the genes. For example, two genes at the same location on two strings may be swapped
between the parents, but cannot be combined based on their values. Traditionally, the
individuals selected to be parents are probabilistically based upon their fitness values, and
the offspring that are created replace the parents. For example, if N parents are selected,
then N offspring are generated which replace the parents in the next generations [118].
In general, the important points related to the genetic algorithm that are essential from
the point of view of this research are listed as following:
1. Genetic algorithms, differing from the conventional search techniques, start with an
initial set of random solutions called population.
2. Each individual in the population is called a chromosome, representing a solution to
the problem at hand.
3. The chromosomes evolve through successive iterations, called generations.
4. During each generation, the chromosomes are evaluated, using some measures of
fitness. In order to create the next generation, new chromosomes, called offspring,
are formed by either merging two chromosomes from the current generation using
a crossover operator (Fig. 6.1) or by modifying a chromosome using a mutation
operator (Fig. 6.2). A new generation is formed by:
(a) selecting, according to the fitness values, some of the parents and offspring, and
(b) rejecting others so as to keep the population size constant.
5. Fitter chromosomes have higher probabilities of being selected. After several gen-
erations, the algorithm converges into the best chromosomes, which represents the
optimum or suboptimal solution to the problem.
In the underlying research, GA is used in the design optimisation process. The objective
function chosen for the automotive-type panel optimisation is the minimisation of the
emitted sound power, calculated by following a BEM approach [74]. The ultimate goal
is to define a set of design guidelines in order to design the automotive-type panels with
optimally sized and positioned dome-shaped indentations, which radiate less sound power.
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6.1.2 Simulated annealing
Simulated annealing (SA) is another stochastic approach that simulates the statistical
process of growing crystals using the annealing process to reach its absolute (global) min-
imum internal energy configuration. If the temperature in the annealing process is not
lowered slowly and enough time is not spent at each temperature zone, the process could
get trapped in a local minimum state for the internal energy. The resulting crystal may
have many defects or the material may even become glass with no crystalline order. The
simulated annealing method for optimisation of systems emulates this process. Given a
reasonable amount of time to run, the algorithm based on this concept finds global minima
for continuous-discrete-integer variable non-linear programming problem.
Simulated annealing is categorised under a non-gradient (zeroth-order) stochastic op-
timisation technique based on the random evaluation of the objective function in such a
way that the transitions away from the local minimum are possible. Although the method
usually requires a large number of function evaluations in order to find the optimum de-
sign, it will find the global optimum with a high probability even for the problems with
numerous local minima [119]. Starting from an initial point, the algorithm takes a step,
for each variable in turn, and then evaluates the function. When minimising a function,
any downhill step may be accepted and the process repeats from this new point. Uphill
moves may be accepted, and the decision whether to do that can be followed from the
Metropolis criteria [120]. The criteria uses T (the temperature according to the analogy
with annealing of the metal) and the size of the uphill moves in a probabilistic manner.
The larger the value of T and the smaller increase of the objective function is, the more
likely it is that the move will be accepted. As the optimisation process proceeds, the
length of the step and the temperature decline and the algorithm closes in on the global
optimum. The simulated annealing method solves unconstrained problems, which are the
problems with no behaviour constraints (side constraints are of course allowed). When the
behaviour constraints are present, an equivalent unconstrained objective function must be
formulated.
6.2 Fundamentals of Structural-acoustic Optimisation
Structural-acoustic optimisation is understood as a measure to improve certain acoustic
characteristics such as sound pressure, sound power, radiation efficiency, etc. of a structure
that can be modelled mathematically. In the underlying research, such acoustic charac-
teristics are optimised by applying a controlled modification features to the mathematical
model of the test structure. Moreover, in practical applications, a number of additional
objectives must also be considered in the design process. Therefore, multi-criteria opti-
misation should be the primary goal because, often, it is observed that two or even more
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conflicting design criteria are required to be taken into account simultaneously.
Optimisation involves a number of calculations of the objective function. Depending
upon the number of variables, the condition of the optimisation problem, optimisation
method, and other features of the particular problem, the number of calculations is repeated
between 10 and 106 times. This demands efficient analysis techniques in order to calculate
the objective function within a limited time frame. Therefore, in most applications, the
structural models are analysed by using the finite element techniques, which provide an
acceptable solution within a reasonable time frame. However, the solution time required for
the acoustic analysis is far greater and is dependent on the method chosen in order to solve
a certain acoustic problem. Nevertheless, the techniques based on both the finite elements
and the boundary elements can be efficiently used in order to solve acoustic problems.
6.2.1 Finite element method based structural analysis
In general, the finite element method provides the linear system of equations as shown in
Eq (6.1).
As(ω) · u(ω) = fs(ω) (6.1)
where u and fs describe the column matrices containing the nodal displacement vectors
and the nodal excitation force vectors, respectively, and ω is the circular frequency. As is
the global system matrix, more commonly known as the ‘dynamic stiffness matrix’, and is
represented by the local system matrices shown in Eq. (6.2).
As(ω) = Ks + iωBs − ω2Ms (6.2)
where Ks is the static stiffness matrix, Bs is the damping matrix, and Ms is the mass
matrix. Therefore, from Eq (6.1),
u(ω) = A−1s (ω) · fs(ω) (6.3)
Moreover, the time derivation of the displacement vector (uk) of node k (represented by
k-subscript) leads to the velocity vector as,
~vk(ω) = i · ω · ~uk(ω) (6.4)
In order to evaluate the surface particle velocity of the structure (vs,k) the normal compo-
nent of the nodal velocity is extracted. This is only relevant for the nodes located at the
interface between the structure and fluid.
vs,k(ω) = ~nk · ~vk(ω) = i · ω · ~nk · ~uk(ω) (6.5)
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Upon assembling the components of all the normal vectors (~ni) into a matrix N and
filling it with zeros for all the nodes not belonging to the structure-fluid interface, the
column matrix of the structural particle velocity can be represented as following:
vs(ω) = i · ω ·N · u(ω), (6.6a)
vs(ω) = i · ω ·N ·A−1s (ω) · fs(ω). (6.6b)
However, the explicit inversion of As is computationally costly if this is required for many
different frequencies. Hence, a normal mode analysis of the (non-damped) structure prior
to the harmonic analysis is an efficient way to reduce the solution time. Therefore, Eq. (6.2)
becomes an eigen value problem and is shown in Eq. (6.7).
(Ks − λMs)φ = 0 (6.7)
where λ is denotes the eigen value (being the square root of the eigen frequency) and φ
represents the corresponding eigen vector. Upon assembling the eigen vectors that have
been determined in a reduced modal matrix (Φ), the inverted global system matrix becomes
A−1s = Φ(Λ + Θ− Ω)−1ΦT (6.8)
where Λ contains λk = ω2k, Ω = ω
2I (I is an identity matrix), Θ = 2 · i · ωk · ω · vk with vk,
ω, and ωk being the damping ratio of the corresponding normal modes, circular frequency,
and the equivalent circular eigen frequency of the system, respectively.
6.2.2 Acoustic analysis
There is a more distinctive variety of analysis types available for the fluid, in comparison to
structural analysis. The most popular methods for both closed and open domains are finite
and boundary element methods. Furthermore, there is a substantial number of literature
indicating that sound power evaluation using the Rayleigh integral and clever derivations
of it is a valuable alternative to the FE and BE-methods.
6.2.2.1 Acoustic analysis using finite element method
The advantage of the finite element methods is that they usually lead to a system of
equations similar to Eqs. (6.1) and (6.2), as shown below:
Af (ω) · p(ω) = ff (ω) = C · vf (ω) (6.9)
In Eq. (6.9), the terms p and ff represent the sound pressure and a vector of equivalent
nodal forces, respectively, that is derived from the fluid particle velocity vf . C is a sparse
symmetric matrix equivalent to a mass matrix in Eq (6.2). The term Af is the dynamic
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stiffness of the fluid and is equal to as following:
A(ω) = K − ω2M (6.10)
6.2.2.2 Acoustic analysis using boundary element method
Similarly, upon using the boundary element techniques in order to solve any acoustic
problem, the system equation shown in Eq. (6.11) needs solving.
H(ω) · p(ω) = G(ω) · vf (ω) (6.11)
The major drawback of the boundary element method is the implicit dependence on the fre-
quency of both system matrices G and H. Moreover, the general formulation of Eq. (6.11)
leads to a system of equations as shown in Eq. (6.12).
A(ω) · p(ω) = i · ω ·GL · vf (ω) (6.12)
where,
A(ω) = HL + ω
2M (6.13)
Both matrices GL and HL denote real-valued matrices corresponding to the Laplace
equation, i.e. the static part of the Helmholtz equation (Eq. (5.18)). The mass matrix M
results from a number of algebraic transformations and contains real elements too. These
three matrices are independent of the frequency. Unfortunately, this method encounters
some inaccuracies. Moreover, acoustic damping can be incorporated by an admittance or
impedance boundary condition, as shown in Eq. (6.14).
vf − vs = Y p (6.14)
where Y is the complex boundary admittance. In the theoretical case of hard reflecting
surfaces, i.e. Y = 0, the structural particle velocity is equal to that of the fluid. In more
realistic problems, the boundary admittance values depends on the frequency, which is a
major drawback. Chen et al. [121] developed a technique in order to evaluate the acoustic
eigen frequencies in the presence of frequency-dependent boundary admittance conditions
extending the formulation of Eqs. (6.12) and (6.13). The same technique can also be
applied to the finite element formulation.
6.2.3 Choices of objective functions
The choice of the objective function depends on the problem at hand. In order to choose
an objective function, the desired properties can be categorized into three different groups,
the first one being the sound pressure level at one or more specified points, primarily
utilized for closed domains. For the general-purpose noise control in open domains, the
emitted sound power is accounted for the objective function, and is justified in a number of
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publications. The remaining third category comprises of all the other structural-acoustic
properties.
Focusing on the first category, it becomes obvious that judging a structure in terms
of the sound pressure at one specified point only might result in a very low value at that
particular point and high values at the other points. This still remains a major issue in
choosing sound pressure as the objective function. Therefore, in order to demonstrate a
clear explanation regarding a particular type of objective function (F ), an example from
Marburg [59] is presented as following.
F = F˜
1
n (6.15)
where F˜ is given by
F˜ =
1
ωmax − ωmin
∫ ωmax
ωmin
Φ{pl(ω)}dω (6.16)
The operator Φ{pl(ω)} represents a special kind of weighting function, and can be repre-
sented by the following equation.
Φ{pl} =
(pl − pref )n for pl > pref0 for pl < pref (6.17)
So, the objective function simply appears as the frequency-averaged sound pressure level,
and the exponent n controls the type of average. For n = 1, Eqs. (6.15)-(6.17) lead to
the mean value, where only values higher than a certain reference level pref are taken into
account. Similarly, this form provides the root mean square value for n = 2. As n tends to
infinity, the objective function approaches the maximum value of the noise transfer func-
tion.
The objective function mentioned above is only suitable for the low-frequency prob-
lems. In such problems, a linear frequency spacing is still applicable. For the high-frequency
problems in wide frequency ranges, a logarithmic spacing of the frequency is recommended.
Apparently, the frequency range plays the most important role since vibration nodes usu-
ally occur at the discrete resonance frequencies, normally at different locations for different
resonances. The simple average should not be used as the objective function, except pos-
sibly in combination with large absorption and high reference level pref .
Another interesting example of objective function, which is suitable for the underlying
research, is described by Koopmann and Fahnline [12], suggesting the use of the mean
square sound pressure pav in the enclosure:
pav =
1
V
∫
V
[p∗(~x)p(~x)] dV (~x) (6.18)
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where p∗ represents the complex conjugate of the sound pressure p. This value is pro-
portional to the potential energy due to the compression of the fluid particles. Another
method is to use the overall acoustic energy including the potential energy and an addi-
tional term for the kinetic energy.
For radiation into open domains, the emitted sound power P mostly accounts for the
objective function (this is similar to the case in this thesis). It should be calculated as
P (ω) =
1
2
∫
A
< 〈p(~x, ω)v∗f (~x, ω〉 dA(~x) (6.19)
Hence, it is the integral over a chosen surface A of the real part of the sound pressure,
multiplied by the complex conjugate normal component of the fluid-particle-velocity vec-
tor. The sound power corresponds to the arbitrarily chosen surface A. Usually, the entire
surface of the structure under consideration, or an artificial (spherical) surface circumscrib-
ing the emitting structure, is considered for the sound power evaluation. However, more
sophisticated investigations can estimate the sound power emitted to certain (selected)
directions.
In a number of examples, researchers suggest that the sound power level should be
calculated based on the sum of sound power values at the resonance frequencies assuming
that structural eigen frequencies and acoustic resonances coincide [57]. But, this approach
is limited to weakly damped structures only and avoids computationally costly evaluations
at many frequencies. While this seems to be a reasonable technique for the weakly damped
structures with rather few resonances, the use of root mean square sound power level is
recommended if a large frequency range is analyzed (logarithmic frequency spacing is re-
quired for large frequency range analysis).
The term ‘weak radiators’ is introduced in a textbook by Koopmann [12], which suggests
of a design that radiates minimum sound at a specified mode. This approach can be used
in a robust manner with respect to different load cases. However, originally developed for a
particular modeshape, the concept of weak radiators is valid for lightly damped structures
only. For practical purposes, it can hardly be applied for five to ten vibration modes.
6.3 Optimisation Procedure
There are many types of numerical optimisation algorithms that include gradient-based
methods and linear and non-linear programming [122, 123]. However, it has been observed
that there are certain disadvantages in using such optimisation methods for vibroacoustic
problems [124]. Instead, there are other methods that have been used efficiently in order to
outperform the classical optimisation methods in several cases, which are typically based
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on stochastic approaches such as the genetic algorithm [125, 126].
Genetic algorithms can be categorised as global search heuristic methods. The term
‘global search’ refers to the fact that there are no restrictions in the problem domain for
the algorithm in order to search for the optimum solution. Moreover, this is opposed to
the local search methods where the search domain is limited and is likely to return the
local minima of the objective function. Therefore, heuristics can be assumed as a type of
optimisation algorithm that can produce acceptable solutions for which there is no formal
proof of their correctness.
As mentioned in the Section 6.1.1, the genetic algorithms imitate the process of evo-
lution that occurs in biology, based on the Darwin’s theory of the survival of the fittest.
Therefore, the genetic algorithm has to begin with a random generation of an initial pop-
ulation of the individuals. Each individual consists of genes, which is a set of the values
that are used as the design variables. In the underlying research, each individual in the
population is a set of six design variables that are the parameters required to be optimised
in order to achieve the objective function of the optimisation. The six design variables are
related to the stiffness modification of the test panel, and can be described as the coordi-
nates of the centre of the dome (xo,yo), the major and minor axes of the elliptical dome
(a and b, respectively), the orientation angle (θ) of the dome with the global axis system,
and the depth of the dome (hd) Fig. 3.7.
For each individual there is a fitness value that is used in order to measure the re-
duction in the total radiated sound power from the test panel. With each new iteration
in the optimisation run, a new generation of biologically stronger individuals is produced
by combining (breeding) from the previous generation of individuals, which then replaces
the design variables from the previous population. The newly produced individuals, gen-
erally termed as offspring, are produced by a pair of parents breeding with genes that
are composite of the genes of their parents. This procedure is called crossover (Fig. 6.1).
Therefore, for the algorithm to move towards an optimum solution, which in the current
optimisation case will aim to minimise the sound power radiated by a number of structural
modes, the number of parents that are chosen in order to reproduce are selected randomly
with the fittest amongst them being more likely to be picked. Moreover, for the algorithm
to look outside the parent population for a better solution there is a chance that some
of the parent genes will be mutated (Fig. 6.2). That means, such genes of the offspring
are not exact copies of their parents but are randomly modified. Mathematically, the
mutation phenomenon is useful for the algorithm in order to avoid finding local minima.
Nevertheless, additional care must be taken for the mutated genes so that it must not
exceed the predefined limiting values (e.g. coordinates of the constraints must not exceed
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the dimensions of the test panel).
In a genetic algorithm, the number of individuals in the population must remain con-
stant. Hence, a number of individuals must die off, which is the same number as those
that will be born. The selection again is random with the least fit individual being more
likely to die off. The selection strategy used in the underlying genetic algorithm is based
on the calculation of the probabilities of those individuals who breed and those who die,
upon following a method described by Cox [127]. The iterative process of breeding and
replacing the individuals is terminated when the fitness value of all individuals is equal or
their difference is below a certain predefined threshold. The flow chart shown in Fig. 6.3
explains the genetic algorithm processes taking place during the optimisation procedure.
Randomly generate 
population of N individuals 
Calculate the fitness 
function for each 
individual 
Select M individuals to 
breed and M to die 
Are all individuals 
equally fit? 
M offspring generated by 
crossover and mutation in order 
to create new potential solutions 
Calculate the fitness of 
offspring 
Optimum 
solution found 
Figure 6.3: Flow chart explaining the genetic algorithm processes.
The test panel used in the current optimisation strategy is a steel rectangular flat panel,
with the dimensions 307 mm × 208 mm and thickness 1.2 mm. The aim of the opti-
misation is to generate structural modeshapes that take advantage of the hydrodynamic
short-circuiting effect below the critical frequency of the structure, in order to produce
strong acoustic cancellations in the vicinity of the test panel. This sound wave cancella-
tion phenomena occur when the acoutic pressure waves of equal magnitude and opposite
signs create a zero resultant pressure when they exist close to each other. Moreover, such
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phenomenon in the vicinity of a structure can be achieved when the structural velocity
profile is symmetric and hence so is the near field acoustic pressure. One known velocity
profile that does not radiate any acoustic energy in the far field because of the acoustic
cancellation in the near field is an infinite sine wave [6].
In order to generate symmetric modeshapes, symmetric modifications are required to
be implemented in the optimisation strategy. Moreover, the use of the symmetric modi-
fication functions in the optimisation algorithm significantly improves the results and the
convergence time of the optimisation iterations. Therefore, the results obtained from the
optimisation includes the set of constraints, defined in pairs, with symmetrical proper-
ties. Hence, if one of the coordinates of the dome-shaped indentation, normalised from the
range 0 to 1, is (x¯, y¯), its pair constraint with the same properties will have the coordi-
nates (1− x¯, 1− y¯). Aother major advantage of using the design constraints in pairs is that
the number of the total design variables is reduced, thereby, resulting in fast optimisation
iterations.
The genetic algorithm based optimisation performs an exhaustive search in order to
find the optimal solution within a limited design space. As mentioned earlier, the panels
investigated in this paper are assumed to be an integral part of the vehicle body. However,
upon following a substructuring approach allows the test panel to be analysed in isolation
from its neighbouring panels and, thus, limits the optimisation search space [55]. The
isolated body panel is then assumed to be an integral part of the vehicle body by applying
translational and rotational restrictions to the boundary nodes of its finite element model.
The optimisation strategy retains the generality of unspecified forcing of the structure.
Such optimisation strategy is based upon the value of the eigen vectors calculated during
the structural analysis by solving the eigen equations using Nastran R©.
Because of the nature of the optimisation strategy, which also requires the solutions
from an external result file (Nastran result file) that contains the design parameters de-
fined in its unique format, the use of Matlab R© is considered essential in the development of
the entire optimisation algorithm. With the help of the genetic algorithm, an exhaustive
search over a relatively small search space can be performed in a reasonable amount of
time. As explained earlier, the genetic algorithm is implemented by having a population
of randomly generated initial canditate solutions, called individuals, that evolve towards
better solutions in a given number of iterations. In each iteration, the fitness function
associated with every individual in the population is evaluated and later modified in order
to form a new population. This new population is then used in the subsequent iteration
of the optimisation in order to further converge towards the global optimum solution. The
optimisation algorithm terminates when either the maximum number of iterations have
been performed, or a satisfactory fitness level has been reached for the full population
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set. If the optimisation has terminated due to the maximum number of iterations being
reached, a satisfactory solution may or may not have been achieved. For the optimised
panel design used in the underlying research, the optimal solution search is limited to a
maximum of 20 iterations, which is observed to produce satisfactory results.
As mentioned earlier, the underlying optimisation process has six individuals in the
population and they represent the design variables of the dome-shaped indentations. The
initial solutions are selected by randomly choosing points on the surface of the panel to be
the design variables of the dome-shaped indentations. For the dome-shaped indentations
to stay within the surface area of the test panel, the random placement of the domes is
restricted by excluding the boundary nodes in the search space. A further limitation is
that the centre of each dome must be located on a node in the search space. A cumulative
probability distribution is formed in order to make the decisions for breeding new offspring
and allowing the less fit individuals to die. Therefore, in this thesis, the improvement in
the fitness value effectively means a decrease in the radiated sound power, so with suc-
cessive iterations, the design becomes more optimised for minimum sound power radiation.
The objective function used in the optimisation procedure is to minimise the sound
radiation from the test panels over the frequency range of interest. Since the panel has
been descretised into finite elements, each node of the finite element model is assumed
to represent a monopole sound source. The total sound power radiated by this set of
sound sources is then calculated by using a quadratic equation expressed in terms of the
surface velocities. The structure is assumed to be vibrating harmonically and the quadratic
sound power expression is derived by using the boundary element method applied to the
Helmholtz equation, as explained in Section 6.2.2. The discretised structure requires the
interpolation functions to map the nodal values over the finite elements and facilitate the
integral evaluations [72]. The numerical evaluation of the Helmholtz integral equation
leads to an algebraic system of equations
p = D−1Mv, (6.20)
where p and v are the acoustic pressure and surface velocity, respectively. D and M are
the coefficient matrices derived from the integration of the normal derivative of the Green’s
function over the surface and the integration of the Green’s function over the surface, re-
spectively. The matrix product on the right-hand side of Eq (6.20) defines the impedance
matrix, Z = D−1M . The individual elements in the matrix Z represent the contribution
to the pressure at a given node due to a unit velocity at another node [74].
The objective function to be minimised, P , is calculated from the summation of the
sound power radiated by each individual element, Pj , on the surface of the radiating
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structure
P =
Nel∑
j=1
Pj =
1
2
Re

Nel∑
j=1
∫
Sj
pjv
∗
j dS
 , (6.21)
where Nel is the total number of elements used in the finite element model, Sj is the area of
the element j, and S is the enclosed surface at a given distance from the structure. Using
the impedance matrix, Z, and substituting for pressure, p, using Eq. (6.21) and using the
same interpolation functions for the pressure and the velocity as used for the boundary
element solution leads to
Pj =
1
2
Re
{
vTZTj
(∫
Sj
NNTdS
)
v∗j
}
, (6.22)
where N represents the vector of the interpolation functions defined with respect to the
element j, v represents the vector of the velocities on the entire structure, Zj represents the
submatrix of Z and vj represents the vector of the velocities on element j. The dimension
of the matrix Z is equal to the total number of nodes multiplied by the number of nodes
per element. The integral in Eq. (6.22) can be calculated separately as
ZTj
(∫
Sj
NNTdS
)
= Aj , (6.23)
such that Aj has the same dimensions as the matrix Z. Upon substituting Eq. (6.23) into
the Eq. (6.22), and then summing for all the elements, leads to the total radiated power
P =
1
2
Re
(
vTA1v
∗
1 + v
TA2v
∗
2 + . . .
)
. (6.24)
Assembling all of the Aj submatrices into a single matrix, A, and all of the vj vectors
into a single column vector, v, then upon rationalising the real component operator yields
a compact form for the total radiated sound power from the discretised structure as
P = vTBv∗, (6.25)
where B is Hermitian and is equal to
B =
1
4
(
A+AH
)
. (6.26)
Based on the above sound power calculations, the optimisation process imparts a mod-
ification to the finite element model, thereby, changing the element and nodal positions
in the original bulk data file of the test panel (*.bdf file). The geometrical domain of the
modification function for a dome can be defined by the equation of an ellipse (refer to
Eq. (3.22) and Fig. 3.7). A detailed description on the modification functions is presented
in Section 3.4.
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6.4 Optimised Panel Design and Results
So far in this chapter, a structural-acoustic optimisation technique is described in order
to optimise rectangular flat panels for minimised sound radiation. The optimisation pro-
cedure results in the panel design with optimally placed dome-shaped indentations. The
design variables controlling the size and positions of the domes are controlled by a genetic
algorithm, which as explained above, is suitable for such design problems. The number of
domes (i.e. four) required on the design panel is defined as a design constraint, which is
set prior to the optimisation procedure. Since the dome is essentially a three-dimensional
extension of an ellipse, the parameters required to control the domes are effectively the
parameters of ellipse, along with an additional parameter in order to define the depth of
the dome. The full set of design constraints used in order to restrict the domes are shown
in Table 6.1.
Table 6.1: Design constraints used in the optimisation algorithm in order to restrict the
domes.
Design
Constraints V alue
Major axis (a) 0 < a < 50 mm
Minor axis (b) 0 < b < 50 mm
Ellipse angle (α) 0 ◦ < α < 360 ◦
Dome height (h) 0 < h < 6 mm
Dome centre (x) 0 < x < 307 mm
Dome centre (y) 0 < x < 208 mm
The optimisation technique described in this thesis calculates the optimal placement of
one dome-shaped indentation and then based on symmetry, calculates the positions of the
remaining dome. Thus, the test panel is assumed to be divided into four quarters and the
ideal dome location is identified by optimising one quarter of the test panel, and then repli-
cating this location symmetrically on the remaining quarters of the panel. This particular
symmetry-based technique has a significant reduction in the computation time compared
to the technique used to locate each dome separately. However, this symmetry-based ap-
proach can only be suitable for geometrically symmetical design panels, e.g. rectangular
panels.
The results from the preliminary optimisation runs suggested for the placement of one
dome towards each of the four corners of the rectangular test panel. So, four test panels
with varying number of dome-shaped indentations, each with intuitive sizing and posi-
tioning of the domes, are investigated in order to observe the relationship between the
increase in stiffness and its effect on the structural-acoustic characteristics on each panel.
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The structural and acoustic investigation of each of the intuitively design panels are pre-
sented in Chapters 4 and 5, respectively. Subsequently, the investigation of the intuitively
designed panels provided some essential insights into the optimisation problem, which has
been continuously developed over the course of this research.
During the fabrication of the intuitively designed panels, it was observed that any
indentations deeper than 6 mm showed the warping effect on the panel. The warping
effect was even more after increasing the number of indentations, as shown in Fig. 6.4.
So, the deepest the indentations that could be impressed onto the panels were restricted
between 5–6 mm.
Figure 6.4: The warping effect resulting from indenting the panel.
Therefore, upon optimising the flat rectangular panel in order to include the four dome-
shaped indentations with the maximum depth of the indentations limited to 6 mm, the
resulting optimised panel contains smaller dome designs when compared to the intuitively
designed panels. The dimensions and the placement of the domes on the optimised panel
is shown in Fig. 6.5.
The optimised panel design is invetigated for its structural and acoustic characteristics
using the same numerical and experimental methods described in Chapters 4 and 5, respec-
tively. The experimental setup and apparatus used for the investigation remain the same
as used for the investigation of the intuitively designed panels. The similarity of the test
methodology is required to be consistent for both the intuitively designed and optimally
designed cases in order to be able to compare the like for like. Moreover, in order to avoid
any type of inconsistency, the same set of transducers and microphones were used during
the entire investigation.
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Figure 6.5: The optimised panel design with four domes. All the dimensions are in mm.
For the structural investigations, the optimised panel is placed into a metal frame
(Fig. 4.9) in order to achieve a clamped boundary condition along its edges. The opti-
mised panel is excited for a frequency range of 0 to 1.25k Hz using an electrodynamic
shaker located at the coordinates 110 mm in x-direction and 80 mm in y-direction assum-
ing the origin at the left-hand side bottom corner of the panel. For the sound pressure
measurement, the procedure followed is strictly adhered to the standards described in ISO
3744 (Fig. 5.1). The voltage input to the shaker is maintained at a constant level through-
out the investigation, therefore accounting for the same decibel level of the electric noise
produced from the electrodynamic shaker.
In order to observe the increment in stiffness in the optimised panel, its measured
mobility function is compared against the measured mobility of the reference flat panel,
as shown in Fig. 6.6. It can be observed that the inclusion of the four optimally sized and
positioned domes results in a significant reduction in the resonant peaks at around 210 Hz,
380 Hz, and 420 Hz. This demonstrates that this type of design strategy is significantly
effective in order to target the low frequency resonant modes, which cannot be targeted
using damping material.
As mentioned earlier, the intuitively designed panels are inspired from the initial op-
timisation results, which then provided essential insights into the optimisation problem,
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Figure 6.6: Measured point mobility comparison between the optimised panel and its
equivalent flat counterpart.
therefore, it would be interesting to compare the optimised panel with the intuitively de-
signed ones. Therefore, from Fig. 6.7 to 6.10 show the measured mobility comparison
between the optimised panel and each of the intuitively designed panels. Fig. 6.7 shows
the mobility comparison between the optimised panel and the panel with four intuitively
positioned domes, demonstrating the controlled increase in the stiffness eliminating the
second resonant peak in the middle frequency range. Moreover, the amplitude of the mo-
bility peaks of the optimised panel remains smaller than the peaks of the four intuitive
domes counterpart.
Similar observations can be made from Fig. 6.8, which shows the measured mobility
comparison between the optimised panel and the panel with two diagonally-placed domes.
It is important to point out that the optimised panel has four domes, whereas the compared
intuitively designed panel in Fig. 6.8 has two domes, the comparison between the two
cannot be straight forward. Nevertheless, this comparison assists in the understanding
of a significant design question that answers whether the two-dome panel can sufficienty
achieve the design targets or the four-dome panel is always going to be a better design.
Moreover, Fig. 6.9 shows the similar comparison between the optimised panel and the panel
with two-adjacently placed domes.
Lastly, Fig. 6.10 shows the measured mobility comparison between the optimised panel
and the panel with one dome-shaped indentation. The effect of the single dome impressed
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Figure 6.7: Measured point mobility comparison between the optimised panel and the
panel with four intuitively designed domes.
Figure 6.8: Measured point mobility comparison between the optimised panel and the
intuitively designed panel with two diagonally-placed domes.
on the panel does not show a significant increase in the structural stiffness (Fig. 4.31).
However, it still remains essential in the underlying thesis to compare its structural per-
formance in comparison to the optimised design.
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Figure 6.9: Measured point mobility comparison between the optimised panel and the
intuitively designed panel with two adjacently-placed domes.
Figure 6.10: Measured point mobility comparison between the optimised panel and the
intuitively designed panel with one dome.
So far, this section presents the structural design of the optimised panel, along with
its structural performance compared against the various intuitively designed panels used
in the underlying research. The structural characteristics can be used as an important
design investigation in order to assess the various panel designs with varying number of
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dome-shaped indentations. However, the ultimate goal is to design the panels with min-
imal sound radiation, for which it is essential to investigate the acoustic characteristics
associated with the designed panels. Therefore, in the following paragraphs, the acoustic
radiation characteristics of the optimised panel is presented, along with its comparison
with the various intuitively designed panels used in the underlying research.
Figure 6.11: Radiated power versus mechanical input power for the optimised panel.
Upon comparing the mechanical input power and the radiated sound power for the op-
timised panel, shown in Fig. 6.11, it can be illustrated that the peaks of both the functions
match consistently for the frequency range of interest. The brief inconsistencies observed
in the lower frequency range is due to the material damping playing a significant role in
the lower frequency bandwidth.
The comparison between the measured sound power level of the optimised panel and
the reference flat panel is shown in Fig. 6.12. For up to 100 Hz, both the optimised panel
and the reference flat panel radiate the same amount of sound energy. In the frequency
range of 300–400 Hz, the optimised panel is oberved to be radiating more sound than the
flat panel. Moreover, for the sound power peak at around 550 Hz, the optimised panel
shows a 7 dB increase in its radiation characteristic. However, for the frequency range
from 600–900 Hz, the optimised panel demonstrates a significant reduction in the sound
power values. Therefore, upon considering the entire frequency range, the optimised panel
shows a total reduction of around 4 dB. It is important to note here that the optimisation
procedure is performed for a rather wide frequency bandwidth, i.e. up to 1000 Hz, which
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is specifically chosen in order to demonstrate the overall improvement for the entire fre-
quency range of interest. The improvement in the radiation characteristics in the case of
the optimised panel is predominantly achieved by gaining even more in frequency regions
where the acoustic performance was already good. In contrast to the improvements in
the specific frequency regions, the optimised panel behaves similar, if not worse, to the
original flat panel. So, this type of optimisation algorithm becomes significantly useful for
the cases where the focus is primarily on the problematic (and narrower) frequency band-
widths. Therefore, the optimal dome layout for the case when targeting a narrow frequency
bandwidth would depend on the selected frequency range of the objective function.
Figure 6.12: Sound power level (SWL re 10−12 W) comparison of the optimised panel and
the reference flat panel.
In order to justify the use of the optimisation strategy rather than designing panels
with intuitive guess work, it is important to present the sound power comparison between
the optimised panel and the intuitively designed panels. So, Fig. 6.13 shows a sound
power comparison between the optimised panel and the panel with four intuitive domes.
From Fig. 6.13, it can be seen that at certain specific bandwidths the optimised panel is
radiating more sound than the intuitively designed panel. However, upon comparing the
average sound power level for the entire frequency range of interest, the optimised panel
shows a reduction of around 2 dB.
Similar results are observed when comparing the sound power level of the optimised
panel against the intuitively designed panels with two domes. Fig. 6.14 shows the sound
power comparison between the optimised panel and the panel with two-diagonally placed
domes. The total sound power radiated by the optimised panel is in the degree of around
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Figure 6.13: Sound power level (SWL re 10−12 W) comparison of the optimised panel and
the panel with four intuitive domes.
5 dB less than the panel with two diagonal domes. However, for the case of the panel with
two adjacently placed domes, which is observed as the least radiating of all of the intuitively
designed panel (Table 5.1), the optimised panel does not show a significant reduction in the
sound power value. This is illustrated in Fig. 6.15, which demonstrates the sound power
comparison between the optimised panel and the panel with two-adjacently placed domes.
From the results shown in this section, the most important comparison is between the
optimised panel and the reference flat panel, as shown in Fig. 6.12. The remaining figures,
from Figs. 6.13 to 6.15, are only presented as a general comparison between the two designs
and do not hold significant information because of their different design attributes. For
example, it does not provide clear guidelines when comparing a four-dome optimised design
against two-domes intuitive designs. However, upon comparing the four-dome optimised
design against the four-dome intuitive design, provides a significant amount of confidence
in the optimisation strategy as the optimised design shows an improvement of around 5
dB. This 5 dB improvement can be further improved by adding the damping layer on
the panels. So, even a small amount of reduction in the sound radiation is appreciated,
because this improvement is on the bare panel, which later in the design stage receives
further improvements.
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Figure 6.14: Sound power level (SWL re 10−12 W) comparison of the optimised panel and
the panel with two-diagonally placed domes.
Figure 6.15: Sound power level (SWL re 10−12 W) comparison of the optimised panel and
the panel with two-adjacently placed domes.
6.5 Sensitivity Analysis
The primary goal of any optimisation procedure is to successfully achieve the desired ob-
jective function within a limited number of iterations. The optimal solution results in the
form of a set of design variables, which sufficiently satisfy the objective function. Gener-
ally, the values of the optimal design variables are produced as numbers in 2-to-3 decimal
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places. Even with the use of high precision CNC machines, the manufacturing of the final
design may incorporate a slight scatter in the original optimal design variables. Therefore,
a sensitivity analysis becomes essential in order to verify the robustness of the optimal
solution.
The final optimal design is shown in Fig. 6.5. In order to represent the typical scatter
when it comes to manufacturing tolerances, four purturbation analyses are performed by
changing the optimal values of the 5 design variables, independently, by 1%, 2%, 5%, and
−5%, respectively. The sixth design variable is the depth of the dome, which has been kept
constant for all the cases assessed in the sensitivity analysis. The purturbation analysis
is purely numerical in nature, and is performed using boundary element method. The
modified design variables are shown in Fig. 6.16.
(a) Optimal deisgn variables modified by 1%. (b) Optimal deisgn variables modified by 2%.
(c) Optimal deisgn variables modified by 5%. (d) Optimal deisgn variables modified by -5%.
Figure 6.16: Modified optimal design variables for the sensitivity analysis. All the dimen-
sions are in mm.
As it is explained earlier that optimisation algorithm follows a symmetry-based ap-
proach, therefore, producing the optimal design variables for only one dome, and repro-
ducing the remaining three domes as the mirror image of the first dome. The same principle
is followed whilst designing the modified panels shown in Fig. 6.16. Hence, using the design
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variables from one dome, the design variables for the remaining three domes can be easily
estimated.
The numerical purturbation analysis is performed in LMS Virtual.Lab R©. The finite
element model used for each of the panel design from Fig. 6.16, consists of approximately
7000 nodes and elements. The boundary condition used in the boundary element analysis
is in the form of the panel velocity vector data obtained from a finite element analysis,
using a unit force excitation whilst restricting any translational and rotational movement
of the four edges of the panel (i.e. clamped boundary condition). The excitation location
is kept same for all the purturbation analysis, i.e. X = 66.65 mm, Y = 19.21 mm, and
Z = 0 mm. In the finite element analysis, a modal damping value of 3% is assigned to
all the modes. Moreover, the same finite element mesh is used for both the finite element
analysis and the boundary element analysis. The reason for using the same mesh for both
the finite and the boundary element analyses is to maintain a 1 : 1 transfer of the structural
results onto the acoustic model. Finally, the microphone position used during the acoustic
analysis is based on the International standard ISO 3744 [116].
The sound power level resulting from the boundary element analysis, for the panels
shown in Fig. 6.16, is presented in Fig. 6.17.
Figure 6.17: Sound power level comparison of the original optimised panel with the modi-
fied optimised panel, by changing each of the optimal design variables by 1%, 2%, 5%, and
-5%, respectively.
As a result of the sensitivity anlaysis, the robustness of the optimal solution can be
identified from Fig. 6.17. The objective function of the optimisation, i.e. the sound power,
does not vary significantly from the optimised panel design. Therefore, the modified panel
designs shown in Fig. 6.16, which incorporates the manufacturing tolerances in the range
of 1%, 2%, 5%, and -5%, respectively, have a similar structural-acoustic characteristics as
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of the original optimised panel (Fig. 6.5). So, the sensitivity analysis confirms that the op-
timisation procedure used in this thesis is sufficiently robust in order to produce the design
variables, which can sustain the scatter that might occur during the manufacturing process.
6.6 Summary and Conclusion
In this chapter, a numerical optimisation technique is presented that aims at reducing the
sound radiation from the automotive-type panels. Using the insights gained from the in-
vestigation of the intuitively designed panels, as explained in the Chapters 3, 4, and 5, this
chapter not only illustrates the strutural-acoustic results of the optimised panel design, but
also presents an optimisation strategy developed during the course of this research. The
optimisation strategy incoporated the use of direct FE model modification, as explained
in Section 3.3 of Chapter 3. Moreover, the optimisation procedure includes an automatic
mesh generation strategy upon using the algorithm inspired by Persson [117]. In the later
stage of the research, the optimisation algorithm is modified in order to accept an already
meshed structure in the form of a ‘*.bdf’ file. Therefore, with this modification, the opti-
misation strategy is not restricted to design simple structural panels only.
In Section 6.1, a general introduction about the optimisation methodology is presented.
This introduction provides a basic explanation to the critical steps that are an integral
part of the optimisation procedure followed in the underlying research. Therefore, the Sec-
tion 6.1.1 highlights the important characteristics of the genetic algorithm and how this
type of stochastic approach is suitable for a design problem discussed in this research.
Once the use of genetic algorithm is justified for this type of design optimisation, it is
then essential to identify the parameter whose control is necessary in order to produce the
final design that is within acceptable limits. Therefore, in Section 6.2, various methods
based on the finite element techniques, direct and indirect boundary element techniques,
and the Rayleigh integral are presented. Moreover, the Section 6.2.3 provides a detailed
information on the different types of objective functions that are suitable for the underly-
ing design optimisation.
In Section 6.3, the optimisation procedure followed in this research is explained. The
optimisation algorithm follows a defined set of step-by-step instructions, which is repeated
for every iteration performed successfully in the optimisation process. These steps are
presented in a flow-chart and is shown in Fig. 6.3. The Eqs. (6.20)–(6.26) contain the
analytical expressions used in the optimisation algorithm in order to define the required
objective function and its calculation. As mentioned in the beginning of this chapter, the
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entire optimisation procedure is defined and controlled by the script written in Matlab R©.
In Section 6.4, the final design of the optimised design is presented (Fig. 6.5), along
with its structural-acoustic comparison with the other intuitively designed panels investi-
gated in the underlying research. From the investigation of the structural characteristics
only, the optimised panel is not observed as the design with the highest structural stiffness.
From Fig. 6.6, it can be seen that the optimised panel shows the optimum distribution in
the increased structural stiffness. However, upon comparing the optimised panel against
the intuitively designed panel with four domes, the latter design shows a significant shift
in the middle order resonant peaks. Nevertheless, this inconsistency does not provide any
information regarding the radiation characteristics of both the design panels. Therefore,
upon comparing the optimised panel and the intuitively designed panel with four domes,
for their radiation performance, it is observed that the optimised panel is radiating less
in the degree of 2 dB for the frequency bandwidth of interest (0–1000 Hz), as shown in
Fig. 6.13. Moreover, the improvement observed in the optimised panel is significant when
compared against the reference flat panel. From Fig. 6.12, it can be illustrated that the
optimised panel is approximately 4 dB quieter than the reference flat panel for the fre-
quency range of interest.
In order to conclude, the structural-acoustic results of the optimised panel compared
against the various intuitively designed panels investigated in this research are presented
in the figures from Fig. 6.6 to 6.15. These results are further summarized into a tabular
form and is shown in Table .6.2. In Chapter 5, Table 5.1 illustrates that the panel with
two-adjacent domes shows the most significant reduction in the sound radiation amongst
the other intuitively designed panels. Therefore, it is now essential to add an additional
row into the same table in order to incoporate the radiation result for the optimised panel.
So, Table 6.2 can be considered as a complete summary of the radiation behaviour for all
the test panels investigated in the underlying research.
Table 6.2: The overall sound power value for each of the test panel investigated in the
underlying research.
Test panels
Sound Power
(dB re 10−12W)
Change
(dB)
Flat panel 49.36 −
Four domes 47.90 1.46 (quieter)
Two− adjacent domes 45.81 3.55 (quieter)
Two− diagonal domes 51.42 2.06 (louder)
Optimised panel 45.94 3.42 (quieter)
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Moreover, in Section 6.5, a first-order sensitivity analysis on the optimal solution is
presented. The sensitivity analysis is performed by comparing the optimal panel design
with a set of four panel designs produced by changing the optimal values of the dome design
variables by 1%, 2%, 5%, and −5%, respectively. As a result of this sensitivity analysis,
the robustness of the optimal solution is identified. It is observed that the structural-
acoustic properties of the modified panels are similar to the original optimised panel,
which means that the optimisation procedure used in this thesis can successfully produce
the optimal design variables that can withstand the typical scatter encountered during the
manufacturing of the body panels.

Chapter 7
Conclusion and Future Work
This thesis presents a comprehensive design study in order to minimise the sound
radiation from the automotive-type panels by imposing a set of structural modifications.
Morever, this study is used as a guideline in order to develop a design optimisation strategy
to produce such panels. The thesis focuses on both the structural and acoustic character-
sitcs of the test panels, by comparing the result cases of the test panels before and after
imposing the structural modifications. The reference test panel is a rectangular flat panel,
which upon modifications contain varying number of dome-shaped indentations.
The motivation for this research originated from the realisation of the efforts to increase
the structural stiffness without increasing its bulk weight. It is witnessed lately that the
trend of downsizing the engines is becoming an important factor for the car manufacturers
to be able to meet the ever so stringent emission legislations. The downsized engine is
designed to be able to produce the similar level of power but with lower exhaust (harmful)
emissions. This in turn requires the total weight of the vehicle to drop too. Therefore,
modern cars are designed with downsized engines, lighter transmission systems, thin alu-
minium or carbon fibre body panels, etc., all of which ultimately compromise the NVH
characteristics of the vehicle. So, the optimum use of the structural modification is an
alternative strategy in order to tackle the structural-acoustic characterisitics of the vehicle
without compromising on the total bulk weight. Moreover, the structural modification of
the automotive-type panels is believed to be existing in the automotive industry for a long
time. However, there is not any specific set of guidelines available in order to optimise
the concept of structural modifications. Therefore, efforts are made in this thesis in order
to provide some insight into the problem of design optimisation of such automotive-type
panels.
7.1 General Conclusions
The thesis focuses on both the structural and acoustic attributes as the structure’s dynam-
ical charactersitcs that need to be controlled in order to minimise the sound radiation upon
its excitation. Therefore, equal degree of explanation is provided for the investigation of
both structural and acoustic responses that provide the measure to assess the improvement
in the test panels. Moreover, this thesis follows the order where the structural investiga-
tion is defined and explained first, which supports the later acoustic investigations, thereby,
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providing the complete structural-acoustic assessment of the test panels.
The Chapter 1 contains the fundamental explanation of the problem that is later ad-
dressed in this thesis. It also provides the basic insights into the current design strategies
and the motivation for the need of reforming those design strategies with engineering logic.
It is believed that the structural-indentation of large automotive panels are into existence
for a long time, but its application has been mainly to break the lower order vibration
modes and to reduce the material deformation during the sheet metal processing. The
structural modification of the panels is considered as an inexpensive design improvement,
which further keeps improving throughout the full design cycle. The structural indentation
can fit comfortably in the early design stage, where the metal sheets are formed to take
the required shape for the vehicle trim body.
In order to understand the design problem at hand, it is important to explore the ex-
isting design methodologies and guidelines. Therefore, a comprehensive literature review,
covering both the analytical and the numerical methods, is presented in Chapter 2. The
literature survey sufficiently provides background to the existing techniques, spanning from
the late 20th century to early 21st century. The contents of Chapter 2 can be assumed to
be divided into two sections, each primarily focusing on the analytical methods, which
are useful for simple structures but provide significant insight into the physical problem,
and numerical methods, which are becoming ever so useful because of the advent of the
increased computer power.
This thesis primarily concentrates on the local modification on the structure that results
in its improved global performance. The structural modification addressed in this thesis
is the inclusion of dome-shaped indentations on the test panels. The structural modifica-
tion is first imposed on the numerical model of the test structure, and then evaluated for
any significant design improvement. Moreover, such modification functions can directly
be applied to both the geometry or the finite element model of the test structure, whose
selection depends on the specific problem at hand. So, in order to understand the practical
points associated with the choice of the modification strategy is described in Chapter 3.
The Section 3.4 presents a few examples of the global and the local modification functions.
As mentioned above, the local modification function used in this thesis is in the form of
dome-shaped indentations, which is explained in Section 3.4.2.2. Because of the nature of
the design strategy followed for the purpose of this research, the structural modifications
are directly imposed on the finite element model of the test panel. This eliminates the need
to mesh the modifiied geometry of the test panel after every iteration of the optimisation
run.
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Chapter 4 of the thesis presents the explanation on various classical and numerical
methods available for the investigation of structural dynamics. Although the use of the
analytical methods are limited to simple structures only, but their comprehensive under-
standing is essential in order to gain the physical insight into the design problem. There-
fore, in Section 4.2, a complete set of theory is presented that builds the foundation, which
later provides important information regarding the dynamical behaviour of the modified
test panels. Elaborating on the analytical methods and focusing mainly on the simply
supported boundary condition, which is the most common boundary condition used for
analytical studies, the term ‘modes of vibration’ is explained using the example of a rectan-
gular flat panel whose dimensions are shown in Table 4.1. The understanding of the modes
of vibration is essential in order to assess the effects of the change in structural dynam-
ics resulting from the structural modification, which is later investigated in this research.
A pictorial description of the various vibration modes of a rectangular panel is shown in
Table 4.3. The analytical explanation is then extended to the case where the structure
is forced externally. This introduces the topic on the frequency response functions (Sec-
tion 4.2.3). The type of frequency response function used extensively in the thesis in order
to investigate the structural behaviour of the test panels is its ‘point mobility’ function
measured for the frequency range of interest. The example of the point mobility func-
tions, calculated analytically, for the reference flat plate is shown in Fig. 4.2. However,
as mentioned above, the analytical methods are only useful for simple structures, such as
plates, beams, shells. Therefore, in order to asses a more complicated structural design,
there are various numerical techniques. The numerical technique that is extensively used
in this research is based on the finite element method (FEM). In Section 4.3, the numeri-
cal equivalent of the analytical solutions for vibration modes, modeshapes, and frequency
response functions are explained. Table 4.4 shows the comparison of the predicted natural
frequencies of the reference flat panel for the three different sets of boundary conditions,
such as free-free, simply-supported, and clamped. In Section 4.4.1, the various test panels
investigated during the research are introduced. The test panels shown in Fig. 4.5 are fabri-
cated based on the intuitive design inspired from the preliminary optimisation results. For
the structural investigation, the experimental setup and testing procedure, as explained in
Section 4.4.2, remain same for all the test panels used in this thesis. All the test panels,
in turn, are placed into the test rig (Fig. 4.7) in order to attain the clamped boundary
conditions around its edges. The test panels secured in the test rig are then excited using
an electrodynamic shaker, and upon using the accelerometer produces the vibration results
for each test panels (Figs. 4.20–4.33). As expected, the panel with the four dome-shaped
indentations shows the most significant increase in its structural stiffness, which is assessed
by the shift in its resonant frequencies, as shown in Fig. 4.28.
From above, the structural investigation can only provide an inconclusive assessment
in order to establish the global improvement in the design. The global improvement must
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demonstrate the improvement in both the structural and acoustic characteristics of the
design. Therefore, the structural improvement solely is not an accurate measure of the
improvement in the modified design. However, upon coupling the structural investigation
along with the acoustic investigation provides a clear assessment in order to ascertain the
global improvement. So, Chapter 5 explains about the procedure used for the acoustic
investigation. Similar to the structural investigations, the acoustic investigation can be
divided into classical acoustic solutions and numerical solutions. Generally, the classical
acoustics is more complex than the classical structural theories. The acoustic problem can
be divided into various categories, depending on the problem definition as to whether it is
an exterior or interior acoustic problem, low or high-frequency problem, etc., for which dif-
ferent solution techniques are applied. However, for any kind of problem, the investigation
starts by finding the solution to the wave equation for that specific problem, as explained
in Section 5.2.1. The wave equation, which is derived using the system’s continuity, further
leads to the formulation of the Helmholtz equation. Moreover, depending on the specific
type of problem, the Helmholtz equation can take up a homogeneous or inhomogeneous
form. The homogeneous equation signifies the natural response of the structure under no
external forcing (Section 5.2.2), whereas the inhomogeneous form includes the effect of an
external forcing function (Section 5.2.3). As mentioned before, the classical methods are
only applicable to the simple structures, and a more robust numerical technique is required
in order to tackle acoustic problems related to a more complex structural design. The nu-
merical techniques available are divided into low-frequency and high-frequency techniques
(Section 5.3). In this research, the frequency range of interest is under 1000 Hz, there-
fore the use of boundary element method is suitable as the integral numerical approach
programmed in the optimisation process [18]. The numerical techniques only provide an
approximate answer to the physical problem, and a further experimental investigation is
required in order to gain confidence in the physical design. Therefore, Section 5.4 contains
the details regarding the experimental setup and processes applied in order to measure
the sound radiation from the various test panels. Similar to the structural testing, the
test panels are clamped around its edges and are excited using an electrodynamic shaker.
However, in order to measure the direct sound field, the sound pressure measurement was
performed in an anechoic environment, as shown in Fig. 5.3. The sound pressure measure-
ment and sound power processing is strictly adhered to the standards described in ISO
3744 [116]. The sound radiation results for all the test panels are shown in Section 5.5.
In Table 5.1, a summary of the averaged sound power in dB is presented that compares
the radiation characteristics of each of the test panel investigated in this thesis. The panel
with two-diagonally placed domes is observed as the most radiating of all the design panels,
whereas the panel with two-adjacent domes is seen as the least radiating amongst all.
The structural-acoustic investigation described in Chapters 4 and 5 are based on the in-
tuitive designing of the test panels. The intuitive design panel sets comprise of the designs
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with varying number of dome-shaped indentations. Generally, the number of indentations
is the primary requirement during the designing of the panel, and is dependent on the panel
type and the space limitations associated with that panel type. However, the investigation
of the four different test panels, each with a varying number of domes, provides useful
insight into the physical problem associated with the development of the required design-
optimisation strategy. Upon using the knowledge gained from the structural-acoustic in-
vestigation of the intuitively designed panels, a robust numerical optimisation technique
is developed in order to minimise the sound radiation from the automotive-type panels
(Chapter 6). The optimisation procedure of this nature cannot use the heuristic methods
available, and therefore, incoporates the use of a stochastic approach in the form of ge-
netic algorithm. The genetic algorithm remains as an essential component in the entire
optimisation procedure, and once developed fully it remains common for the various trial
optimisation runs, as explained in Section 6.1.1. The most important component in the
complete optimisation algorithm is the calculation of the objective function. The objective
function, which is specific to the optimisation strategy selected, is generally a parameter,
which upon maximising or minimising, affects the global performance of the structure under
investigation. Hence, it is important to understand the various structural-acoustic optimi-
sation strategies that are available for the type of design problem addressed in this thesis.
In Section 6.2, two types of structural-acoustic methods are explained that are useful for
the optimisation procedure followed in the underlying research. Another major require-
ment is the suitable choice of the objective function used in the optimisation strategy. So,
in Section 6.2.3, various types of objective functions suitable for the optimisation problem
used in this thesis are described. The details on the optimisation procedure developed and
followed in this research are described in Section 6.3. A clear step-by-step instructions
of the optimisation process is shown in Fig. 6.3. The objective function calculation is
based on the boundary element formulation described by Cunefare and Koopmann [74],
for which the eigen value extractions are performed using the commercial finite element
solver Nastran R©. As a result of the optimisation process, a new test panel is fabricated
with the optimal sizing and positioning of the four dome-shaped indentations, as shown
in Fig. 6.5. Based on the experimental setup and procedure defined in Chapters 4 and 5,
the optimised panel is investigated for its structural-acoustic characteristics, which is later
compared with the intuitively designed panels (Figs. 6.6–6.15). The optimised panel design
demonstrates the correct degree of increased structural stiffness in order to keep the sound
radiation to the minimum. Upon assessing the optimised panel against the intuitively de-
signed panel with four domes, the optimised panel is observed as a better design, as shown
in Fig. 6.7 and 6.13. Moreover, in Table 6.2, the averaged sound power level compari-
son for all the intuitive panel designs and the optimised panel, along with the reference
flat panel, is presented. Therefore, in order to conclude, the optimised panel is the least
radiating of all the design panels investigated during this research, achieving a reduction
of around 3.5 dB for the frequency range of interest. This improvement is seen in the
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bare body panel, which further undergoes various damping treatment and is mass-laden
under the carpet in the actual assembly of the complete vehicle. It is believed that the
heavy carpet overlaid on the vehicle floor panel will attenuate an additional 4–5 dB of noise.
This thesis demonstrates the structural-acoustic investigation of the automotive-type
panels with dome-shaped indentations. As mentioned earlier that, currently, there exists
no such design optimisation strategy in order to impose structural modifications on the
automotive body panels that result in increased structural stiffness as well as reduced
sound radiation. A similar commercial software tool called TOSCA Structure.bead R© by
FE-Design, uses the structural approach only in finding the layout of bead stiffeners for
sheet metal components. The bead stiffeners, thereby, results in increased stiffness and
changes the dynamic behaviour (increased natural frequencies) of the sheet metal compo-
nents, and cannot guarantee any improvement in its radiation characteristics. It is clearly
demonstrated in this thesis that the excessive increase in the structural stiffness will only
shift the structural resonances into a higher frequency band and will not affect the ampli-
tude of the vibration induced in the structure upon excitation. This is ideal as a temporary
solution where the vibration problem can be tackled by moving the structural resonance
out of the frequency range of interest. However, for a more robust solution, the engineers
will have to combine the results from both the structural and the acoustic investigation
in order to maintain the perfect tradeoff between the increased stiffness and the reduced
sound radiation. The balancing of the instantaneous relationship between the increased
structural stiffness and the structural radiation characteristics can be done using a specific
optimisation procedure. The optimisation strategy needs to include the parameter that
maintains a constant check on the relationship between the structural wavenumber and
the acoustic wavenumber, and never let the latter be higher than the former. One such
design optimisation strategy is developed in this thesis, where the use of boundary element
method is incorporated in order to assess the modified structure’s radiation characteristics.
7.2 Future work
So far in this research, a compreshensive study is performed in order to investigate the
structural-acoustic behaviour of the dome-shaped automotive-type panels. The motiva-
tion behind this research is to develop a set of design guidelines suitable to optimise bare
sheet metals, used as various body panels, for minimised sound radiation. The optimisa-
tion procedure incorporates the automatic discretisation of the numerical model (FEM),
which is then constrained using clamped boundary conditions around its edges. The eigen
value solution is performed in Nastran R©, which remains embedded in the core of the op-
timisation algorithm. In the due course of time, another strategy that incorporates the
finite element model of the test panel directly into the optimisation procedure is devel-
oped. The direct FE model implementation gives the user freedom in order to optimise
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both simple and complex structures. However, the calculation of the objective function
still requires updating in order to produce sound power results for a complex structure.
In the case of a simple two-dimensional structure, there is insignificant interference of the
sound waves by the structure itself, whereas, in the case of a complex three-dimensional
structure, the sound waves emanating from different planes are likely to interefere with
each other. Therefore, a more robust method needs to be implemented in order to account
for the intereference caused by the complex structural design.
In order to incorporate the optimisation methology suitable to complex structures, the
choice of radiation efficiency, instead of the sound power, is a better option. As it is ob-
served in the research that increasing the stiffness does not necessarily reduce its radiating
capability. This statement can be supported by reviewing the structural-acoustic results
of the intuitively designed panel with four dome-shaped indentations, which shows the
maximum increase in stiffness, but is not the least radiating upon comparing with other
intuitively designed panels. Therefore, upon using the radiation efficiency as the parameter
to estimate the fitness value of the population, when using genetic algorithm, the optimi-
sation procedure will be controlled based on the appropriate trade-off between the increase
in stiffness and the reduction in sound radiation.
The optimisation algorithm used in this research uses the eigen vectors (mode shapes)
resulting from the normal mode solution. Moreover, in order to ascertain the structural
normal modes, the governing differential equation used is in homogeneous form, i.e. zero
external forcing of the structure. The eigen vectors resulting from the eigen solution is
effectively the nodal displacement values used to define its deformation under different
resonant frequencies. Therefore, upon differenting the displacement values with respect to
time produces velocity vectors at the same nodes. These velocity vectors are then nor-
malised in order to consider their effect only in the element normal direction of the FE
model. The normal velocity vectors generated from the eigen solution are used as the struc-
tural boundary conditions in order to assess the acoustic response of the test structure.
However, upon retaining the generality of unspecified forcing of the structure and using
the eigen solution data, the optimised structure might behave differently under a specific
type of forcing, which remains highly ambigous considering the complexities associated
with measuring the force input data on a vehicle undergoing test on real road conditions.
Therefore, the optimisation strategy explained in this thesis should only be used in the
early design stage whilst forming the body sheet panels. So, when the body panels are
joined together, they will already include the optimally placed dome-shaped indentations
that effectively stiffens the panels, and thereby, resulting in the reduced sound radiation.
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Figure 7.1: Shearing observed at the edge of the panel becasue of the indentation.
The optimised panel design is a result of a symmetry-based optimisation algorithm.
This symmetry-based approach can not be confused with the topic of periodic inhomo-
geneities, as encountered in periodic structures and meta-materials. The topic, meta-
materials, is relatively new in the domain of structural-acoustics, and it is with this inten-
tion, the periodic inhomogeneities in the form of geometrical indentations are deliberately
left for future research.
Finally, another important point that needs improvement is related to the fabrication
of the test panels. The results from the numerical optimisation is in the form of an FE
model, along with the coordinates and dimensions of the dome-shaped indentations. These
dimensions are then used in order to physically manufacture the test panels. Therefore,
during the manufacturing stage, utmost care must be given in order to reproduce the exact
panel design. Moreover, it is observed that the manufacturing of such panels in a small
workshop can be highly challenging. For example, Fig. 7.1 shows the shear effect caused
at the edge of the panel, resulting as a side effect of the indentation.
From Fig. 7.1, it can be seen that there needs to be limitation on the depth of the
dome-shaped indentations. The shearing effect is found to be worse upon increasing the
number of domes. Another side-effect observed during the manufacturing of the panels is
the tearing of the metal panels around the edges of the domes, as shown in Fig. 7.2.
Generally, the shortcomings related to the manufacturing processes can be rectified
upon using advanced manufacturing techniques. Such advanced techniques might be un-
available at university-level workshops. However, in an industry-level workshop, such
automotive-type panels can be manufactured with high precision and zero tolerance, with a
relatively small amount of cost associated with it. In order to conclude, ignoring the manu-
facturing limitations in a relatively small workshop, the optimal dome-shaped indentations
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(a) (b)
Figure 7.2: Examples of the tearing of the panel around the dome edges.
can be an effective way to reduce the radiated sound power of various automotive-type pan-
els.
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